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Abstract 

The increasing demand to dissipate high heat fluxes from small areas in electronic equipment 

necessitated the move from air-cooled to liquid-cooled heat sinks and now to heat sinks operating in 

flow boiling. Researchers have intensified their efforts over the last few years and have examined and 

recommended various designs that fall into two main categories, namely rectangular, multi-micro-

channel and micro pin fin heat exchangers. The research presented here describes experimental flow 

boiling work in these two geometries. A base benchmark design of a single micro-gap heat exchanger 

is also included. The base area of all three designs is the same to allow direct comparison of the heat 

dissipation capabilities for similar flow conditions. A dielectric HFE-7100 was used as the working 

fluid entering at 1 bar inlet pressure. The inlet subcooling was 5 K, the mass flux was varied between 

100‒300 kg/m2 s and the wall heat flux up to 0.324 MW/m2. In all experiments, the input heat was 

increased gradually until the exit vapour quality approached one or until near critical heat flux 

conditions were observed. A high-speed and high-resolution camera was used to visualise the flow 

boiling patterns. The comparison of the heat transfer results indicated that the micro pin fin heat sink 

provided better thermal performance than the other geometries. In both the micro-gap and the multi-

channels, the dryout region, which precedes the critical heat flux, was reached at lower wall heat flux 

values than in the pin heat sink.  In addition, flow reversal and system instability were found to be 

suppressed in this design. The pressure drop in the micro pin fin heat exchanger was higher, but it is 

worth noting that this is only a fraction of the total pressure drop and hence the pumping power of the 

thermal management system. Therefore, it does not constitute a restrictive parameter in design when, 

the designer needs to maximise the heat dissipation rate. 
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1. Introduction 

The thermal management market size for cooling high-heat flux devices has increased in the last 

decade due to the continuous growth of miniature electronic systems, artificial intelligence tools and 

internet of things, data centres, electric vehicles and charging stations and avionics systems in aircraft 

and space vehicles. The size of this global market was evaluated at USD 18.51 billion in 2026 and is 

expected to reach USD 43.42 billion by 2035 with an annual growth rate around 10% [1]. This means 

that this significant thermal challenge must be addressed to prevent overheating, component failure and 

maintain optimal performance. Fig. 1 depicts the thermal operating conditions of different applications 

that can generate moderate to extreme heat fluxes during operation. This figure was plotted here based 

on information reported in [2]–[9]. In addition it is worth noting that hot spots of computer chips and 

IGBTs can produce very high heat fluxes, around 50 MW/m2, i.e. approaching the heat flux at the 

surface of the sun of approximately 63 MW/m2 [10]. The above applications require efficient thermal 

management solutions, especially for the high-performance and micro-scale chipsets. Different thermal 

management solutions have been recommended, as depicted in Fig. 2. Some of these solutions are still 

under investigation and are not commercially available such as spray cooling and flow boiling (pumped 

two-phase) flow systems. The thermal management solutions covered in this figure were reported in 

detail in [11], [12], [21]–[27], [13]–[20]. The following summary can be deduced from this figure and 

the references provided: 

1. Each thermal management solution can provide a different maximum thermal limit. For 

example, very low heat fluxes (smaller than 0.5 MW/m2) can be achieved using free-convection 

heat sinks, forced-convection heat sinks, thermoelectric modules and heat pipes. This means 

that these cooling systems can no longer dissipate the moderate and high heat fluxes generated 

by modern equipment. 

2. Different working fluids are used in these cooling systems such as air, water, R134a, R236fa, 

R410a, FC-72, HFE-7000 and HFE-7100. However, some of them are not recommended for 

electronics cooling due to thermal and/or environmental issues such as short-circuit fault 

(water), freezing expansion (damage in closed-loop systems due to high freezing point), high 

boiling point at atmospheric pressure, high global warming potential and high ozone depletion 

potential. 

3. In certain experiments, extreme operating conditions were adopted to achieve high heat fluxes 

leading to more complicated and expensive cooling systems. For example, Sung and Mudawar 

[11] tested HFE-7100 in a hybrid system including multi-channels and micro-jets at very high 

inlet subcooling of 52‒111 K. Their system provided a heat flux of 11.27 MW/m2, which is the 

highest heat flux reported in the literature for this dielectric refrigerant at atmospheric working 

pressure. However, this value was reached at a fluid inlet temperature of -20 °C and inlet jet 



velocity of 6.5 m/s. Thus, a second cooling system, i.e. low temperature refrigeration system, 

was used to maintain this high inlet subcooling condition. 

4. The pumped two-phase thermal management solution can provide the highest thermal limits 

compared to the other geometries/arrangements in Fig. 2. In this system, different heat sink 

geometries, such as multi-channels or pins, and cooling techniques, such as flow boiling or 

spray cooling, can be used to increase the dissipated heat rates. 

It can be concluded that pumped two-phase flow systems have a potential thermal performance 

capable of meeting current and future demands in dissipating the high thermal load that will prevail in 

high heat flux applications. These systems typically include a liquid reservoir, micro-pump, micro-

evaporator block (the heat sink itself) and a micro-condenser as presented in Fig. 3. In addition, single 

or multiple micro-heat sinks can be utilised. Flow boiling taking place in the heat sink helps dissipate 

the required high thermal loads. The heat sink can be designed with different geometries and this is part 

of the study carried out here. This cooling solution has a number of advantages, namely: (i) High heat 

transfer coefficient and hence high heat dissipation rates compared to single-phase flows; (ii) During 

nucleate boiling, which is present with most refrigerants for a measurable length in the flow direction, 

the heat transfer coefficient increases as the required heat flux to be dissipated increases leading to an 

enhanced overall thermal performance; (iii) More uniform surface temperature distribution along the 

chipset compared to single-phase flows; (iv) Possible low degree of subcooling and low operating inlet 

pressure with appropriate selection of the refrigerant; (v) Small mass flow rates due to latent heat of 

evaporation; and (vi) Working fluids compatible with electronics. Acceptable design correlations of 

pressure drop and heat transfer coefficient are required in order to design this system. However, a 

significant discrepancy among the proposed correlations available in the literature is reported [2]. This 

is due to the fact that there are some fundamental issues that still need to be resolved. Different operating 

conditions such as inlet pressure, mass flow rate and inlet subcooling and the working fluid properties 

can affect the thermal performance of the micro-scale evaporators. In addition, heat sink geometry, i.e. 

channels of different aspect ratios, pins, gaps and more complicated shapes plus surface modifications 

(milling, laser texturing, 3D printing, nano-coating and artificial nucleation cavities), surface aging 

(contamination and thermal oxidation) can affect the flow boiling patterns, heat transfer rates and 

pressure drop results. For example, different sizes and shapes of pins and channels were examined in 

the literature leading to different heat transfer results, see [28]–[30]. Flow boiling instabilities and flow 

reversal, the appearance of dryout regions and critical heat flux depend on the above parameters and 

need to be considered. In an integrated thermal management system the size and the interaction of the 

micro-scale evaporators and the system condenser can also affect the results. 

Different heat sink geometries have been studied in the literature using pins, parallel multi-channels 

and plain (gap) surfaces. To the best of the authors’ knowledge, only the following studies have been 

found in the literature that compared these geometries. Chang et al. [31] examined sub-cooled flow 

boiling of FC-72 in three different heat sink geometries. They tested a plain surface as a reference 



geometry and two in-line square pins heat sinks having a height of 0.07 mm and width of 0.1 mm and 

0.2 mm. These geometries were manufactured on a silicon base area of 10 × 10 mm2. The roughness 

measurement of these heat sinks was not mentioned. Flow boiling experiments were performed at a 

mass flux of 287‒431 kg/m2 s and inlet subcooling of 2.3‒4.3 K. They found that, at a given wall 

superheat (wall-to-fluid temperature difference), pin fin heat sinks can achieve higher heat flux 

compared to the plain surface, i.e. the pin fin geometry gave higher single-phase and two-phase heat 

transfer coefficients. They attributed this thermal enhancement to the large heat transfer area by the pin 

fin heat sinks. Their results also confirmed that the pin fin geometry provided smaller bubble departure 

diameters, higher bubble departure frequencies and more active nucleation site densities than those 

observed on the plain surface. The above also contributed to the better thermal performance found in 

the pin fin geometry. 

A saturated flow boiling study using R113 in two different heat sinks was performed by McNeil et 

al. [32]. Copper heat sinks with a base area of 50 × 50 mm2 were manufactured in their study. They 

tested in-line square pins with 1 mm height and 1 mm width, and a smooth plain surface with 1 mm 

height. They did not report any details on surface roughness measurements of these two heat sinks. 

Their experiments were performed at a working pressure of 1 bar, mass flux from 50 to 250 kg/m2 s 

and heat flux from 5 to 140 kW/m2. They found that the pin fin geometry had slightly higher heat 

transfer coefficient than that in the plain surface and attributed this to the larger total heat transfer area 

in the pin geometry. Their flow visualisation results also showed that, at a heat flux of 80 kW/m2, small 

bubbles flowing between pins were visualised, while dryout spots covering a large area in the plain 

surface were seen. Furthermore, they reported that the pin fin geometry had seven times higher pressure 

drop compared to the plain geometry. 

Law and Lee [33] tested saturated flow boiling of FC-72 in parallel multi-channels and in-line 

oblique pin fin heat sinks made of copper. Forty rectangular channels with 1.19 mm height and 0.35 

mm width were manufactured on a base area of 25 × 25 mm2. Oblique pins with 1.17 mm height, 0.15 

mm width and 27° angle were tested. Their experiments were conducted at a mass flux of 175‒350 

kg/m2 s and an inlet fluid temperature of 29.5 °C. They did not report any roughness measurements in 

their study. Their results showed that the oblique pins provided higher heat transfer coefficient, lower 

instability, more uniform temperature distribution and higher critical heat flux compared to the multi-

channels. This geometry also resulted in a higher pressure drop than that in the multi-channels. Law 

and Lee [33] attributed the thermal enhancement in the oblique pins heat sink to the high bubble 

generation introduced by these pins, and also due to the thin liquid film surrounding the pins as 

visualised by the high-speed camera. 

Markal et al. [34] examined saturated flow boiling of deionized water in three different heat sink 

geometries, namely parallel multi-channels, in-line square pins and in-line square pins with a reduction 

number of pins in the flow direction (expanding flow passages). Micro pins having 0.5 mm width and 

0.2 mm height were manufactured on a copper base area of 16 × 40 mm2, while eleven parallel channels 



with 0.5 mm width and 0.2 mm height were fabricated. The mass flux was 212 kg/m2 s, the inlet fluid 

temperature was of 75 °C, which at an inlet pressure of 1 bar resulted in a 25 K degree of subcooling. 

No information on the surface roughness measurements of these heat sinks was mentioned in this study. 

They found that the pin fin geometry with expanding flow passages had a higher heat transfer coefficient 

by 365% and 501% compared to that in the simple pin geometry and the parallel channels, respectively. 

This was attributed to overcoming bubble confinement in the downstream region of the heat sink. 

Markal et al. [34] also found that this type of pin distribution supressed the system instability, and also 

reduced the two-phase pressure drop compared to the simple  pin fin heat sink. Generally, the parallel 

multi-channels heat sink showed lower thermal performance, higher instability, but lower pressure drop 

compared to the two pin fin heat sinks. 

Moreira et al. [35] carried out a flow boiling experimental study of deionized water in square pins 

and plain heat sinks. They manufactured two square pin fin heat sinks having 0.3 mm width and 0.35 

mm height on a copper base area of 15 × 20 mm2. These pins were fabricated to be in-line and staggered 

arrangements. A single channel (plain surface) with 0.75 mm depth was also tested as a reference heat 

sink. The average surface roughness of the plain surface was reported to be 0.17 μm, while no surface 

measurements were mentioned for the other heat sinks. They performed these experiments at a mass 

flux of 1000 and 1200 kg/m2 s and inlet subcooling of 10 K and 20 K. Their study showed that the worst 

thermal performance was found in the plain heat sink. Moreover, at 1200 kg/m2 s mass flux and 20 K 

subcooling, the in-line pin fin geometry had 64% higher heat transfer coefficient, while the staggered 

arrangement showed an increase of 35%, compared to the plain geometry. Moreira et al. [35] attributed 

this worst performance to the small total heat transfer area by the plain heat sink, and the fact that this 

heat sink provided fewer nucleation sites compared to other geometries examined. 

Recently, Xie et al. [36] studied two-phase flow of HFE-7100 in three different heat sink geometries. 

They studied boiling flow patterns, heat transfer coefficient and pressure drop using parallel multi-

channels, staggered square pins and in-line square pins. A copper block was used to manufacture these 

heat sinks at a base area of 9.5 × 15 mm2. The fin height and width were designed to be 0.5 mm. They 

conducted their experiments at atmospheric pressure, heat flux of 10‒396 kW/m2, mass flux of 89‒278 

kg/m2 s and inlet subcooling of 20.8‒35.8 K. They reported that the flow patterns found in their study 

were bubbly, slug, churn, annular and dryout. However, slug flow was only visualised in the multi-

channels heat sink, while churn flow occurred in both pins heat sinks. Their results also showed that the 

pins heat sinks had higher thermal performance compared to the multi-channels, with the in-line 

arrangement providing the best results. The pressure drop results showed that, at low heat fluxes when 

bubbly flow dominated in all these heat sinks, there was no a clear difference in these geometries. 

However, at high heat fluxes when slug flow occurred in the multi-channels and churn flow established 

in the pin fin heat sinks, both the pin fin heat sinks had higher pressure drop compared to the multi-

channels heat sink. At highest heat fluxes, the geometry effect was also found to be insignificant on the 

pressure drop due to the same flow regime (dryout) occurred in all these heat sinks. 



Yu et al. [37] carried out a flow boiling study of deionized water in parallel multi-channels, staggered 

square pins and in-line square pins. These heat sinks were made of copper at a base area of 25 × 25 

mm2. The height and width of these fins were manufactured at 1 mm and 0.5 mm, respectively. Their 

experimental study was performed at a heat flux of 100‒2400 kW/m2, mass flow rate of 0.002, 0.004 

and 0.006 kg/s and inlet subcooling of 30 K and 70 K. They found that, by comparing the pin fin results 

to the multi-channels, the average heat transfer coefficient increased up to 15.6% and 22.5% for the in-

line and staggered pins, respectively. They mentioned that pins can enhance the wall rewetting process 

and delay dryout on the walls. They also reported that this geometry supressed the vapour backflow 

towards the heat sink inlet. The two-phase pressured drop was found to decrease by 42.1% for the 

staggered pins and 45.5% for the in-line arrangement compared to the straight channels. They attributed 

this result to the fact that the pins arrangement could provide larger flow passages compared to the 

straight channels. 

Although the above-mentioned studies showed that pin fin heat sinks can provide better thermal 

performance than other geometries, the total surface area or/and the surface roughness measurements 

were not kept constant or were not mentioned at all. It is well-known that these two parameters could 

significantly affect the flow boiling phenomenon in micro-scale heat sinks. In view of the above, the 

contribution of the present study is outlined as follows: 

1. The investigation of the effect of different heat sink geometries (micro-gap, multi-channels and 

micro pins) on the two-phase flow patterns, pressure drop and heat transfer coefficient. These 

three heat sinks have the same base area of 20 × 25 mm2 and channel height of 1 mm. Both the 

multi-channels and the micro pin fin heat sinks were carefully designed at the same fin width 

of 0.6 mm, hydraulic diameter nearly 1 mm and total heat transfer area of 0.001 m2. Therefore, 

the effect of the design geometry can be studied for the same heat transfer area. 

2. All three heat sinks were manufactured using a high precision milling machine at nearly the 

same machining settings. This ensured the same surface finish for all heat sinks, i.e. 

approximately the same roughness parameters, hence this was not affecting the comparative 

results. 

3. HFE-7100 as a good coolant for most electronics with acceptable environmental properties was 

selected. All the flow boiling experiments were conducted at 1 bar, very low degree of 

subcooling of 5 K, low range of mass fluxes of 100‒300 kg/m2 s and heat flux up to the 

maximum thermal limits, i.e. at exit vapour quality of one or Critical Heat Flux (CHF). These 

low operating conditions were chosen to reduce the energy consumption, condenser size and 

system complexity of a possible thermal management system. 

4. Flow visualisation along the entire heat sink was performed using a high-speed camera. The 

effect of different control parameters on the two-phase flow patterns were analysed and 

discussed. 



5. The present study also includes a comparison between flow boiling and single-phase systems 

for electronics cooling. 

 

2. Experimental facility and data reduction 

Fig. 4 shows the experimental facility used in this study including water-glycol cooling loop and the 

working fluid loop. HFE-7100 was examined at different operating conditions by conducting single-

phase and two-phase flow experiments. More details about this facility can be found in [38]. Flow 

visualisation was carried out using a Phantom, high-resolution, high-speed camera (Miro-C210) with a 

microscope mounted with a LED lighting system. A micro-milling machine model HERMLE C20U 

was used to manufacture the test sections. This included six parts made from different materials: 

oxygen-free copper, PTFE and Polycarbonate as shown in Fig. 5(a). The heat sink block was made of 

the oxygen-free copper with a total height of 40 mm as shown in Fig. 5(b). Three horizontal heat sinks 

having different geometries were designed and fabricated, see Fig. 5(c). A micro-gap heat sink as a flat 

(plain) surface with 1 mm height was designed in the present study. This design was chosen here since 

it is a simple heat sink that is used as a benchmark compared to other geometries. This wide surface 

area without flow disruption can also provide better flow visualisation, allowing the flow features to be 

easily visualised and understood. Rectangular multi-channels were also adopted, being the most-

commonly design reported in literature. Finally, a staggered diamond micro pin fin heat sink was 

designed and fabricated. Details on the dimensions and surface roughness of the three heat sinks are 

given in Table 1. They all have the same base area of 20 × 25 mm2 and channel height of 1 mm. Other 

design criteria were also considered here to isolate the effect of channel hydraulic diameter and total 

heat transfer area. For example, the hydraulic diameter of the multi-channels and the micro pins was 

designed to be nearly 1 mm resulting in both cases to a total heat transfer area of 0.001 m2. This is an 

essential design step to eliminate the effect of the heat transfer area when comparing these two heat 

sinks. The surface roughness measurements of these heat sinks were conducted using the 3D Surface 

Metrology System. Ra and Sa, measurements, taken at different locations along the bottom surface and 

then averaged, were found to be 0.102‒0.151 μm and 0.103‒0.132 μm, respectively. Therefore, the 

three heat sinks have nearly the same surface roughness parameters due to the fact that the same 

material, milling process and machining settings were used. 

For the multi-channels, the Fanning friction factor in single-phase flow experiments is calculated 

using Eq. (1‒3). 𝑓 = ∆��ℎ��	ℎ2��ℎ2 
�ℎ  (1) ∆��ℎ = ∆����� − (∆��� + ∆���) (2) ��ℎ  =  �̇��ℎ��ℎ��ℎ (3) 



The measured pressure drop ∆����� is obtained from the differential pressure transducer, while the 

pressure loss components due to sudden contraction and expansion ∆��� and ∆��� are described in detail 

in [39], [40]. The local single-phase heat transfer coefficient and then the average value are calculated 

using Eq. (4‒5), while the Nusselt number is found from Eq. (6). ℎ��(�) = �"!"!(�) − "�(�) (4) 

ℎ�� ̅  = 1
�ℎ ∫ ℎ��(�)'(ℎ0  (5) 

�+ ̅  = ℎ�� ̅  	ℎ,�  
(6) 

It is worth-mentioning that five horizontal K-type thermocouples were inserted (at 10 mm depth) 

underneath the heating surface and along the heat sink. These five locations are used to conduct the 

present local calculations. The wall temperature "!(�) and the liquid temperature "�(�) at specific 

location are found as follows: "!(�) = "-ℎ(�) − �".,�/ 0 (7) 

"�(�) = "12 + �"!(2��ℎ + ��ℎ)3��ℎ�̇45�  (8) "-ℎ(�), "12, 0 and 3 are the local temperature given by thermocouples underneath the channel surface, 

the inlet liquid temperature (measured by T-type thermocouple at the channel inlet), the vertical distance 

between the channel surface and the first raw of thermocouple centre, and the local distance measured 

from the channel inlet, respectively. The base heat flux and then the wall heat flux are calculated from 

Eq. (9‒12). �".  =  ,�/ 6"60 (9) 

�"! = �".7.(29:��ℎ + ��ℎ)
�ℎ��ℎ (10) 

9: = tanh(���ℎ)���ℎ  (11) 

� =  √ 2ℎ(�),�/�: (12) 

The temperature gradient 
ABAC ,obtained using thermocouple values at five vertical locations, is used to 

find the base heat flux during the experiments by assuming 1D heat conduction. The base area 7. in 

the present heat sinks is 20 × 25 mm2. In above two-phase flow experiments, the local two-phase heat 

transfer coefficient is calculated from Eq. (13), and then the average two-phase heat transfer coefficient 

is calculated from Eq. (14). 



ℎ-�(�) = �"!"!(�) − "��-(�) (13) 

ℎ-� ̅  = 1
�ℎ − 
�/. ∫ ℎ-�(�)'(ℎ'DEF  (14) 

The saturation temperature "��-(�) at a specific location is found at the local saturation pressure using 

the saturation fluid-curves in the EES software. The pressure drop is assumed to be linear along the heat 

sink to help find this local saturation pressure. The subcooled length 
�/. is found from Eq. (15) at the 

saturation temperature of the subcooled length "��-(�/.) corresponding to the saturation pressure of the 

sub-cooled region ���-(�/.) from Eq. (16). 
�/. = �̇4�G("��-(�/.) − "12)�"!(2��ℎ + ��ℎ)��ℎ (15) 

���-(�/.) = �12 − 2𝑓���2
�/.��	ℎ  (16) 

In the above, �12 is the inlet pressure measured by a pressure transducer placed at the channel inlet. The 

Fanning friction factor 𝑓�� is found based on the channel geometry and flow regime, see [39], [40]. Eq. 

(17) is then used to calculate the two-phase pressure drop. ∆�-� = ∆��ℎ − ∆��� (17) 

The vapour quality H(�) is calculated locally using Eq. (18). This equation is also used to find the exit 

vapour quality at the outlet conditions. H(�) = I(�) − I�(�)I�J(�)  (18) 

The local specific enthalpy is given by: 

I(�) = I12 + �"!(2��ℎ + ��ℎ)3��ℎ�̇  
(19) 

The abovementioned calculations are also used for the micro-gap heat sink at the channels number ��ℎ 

set to one, see [41]. Similar procedure is also adopted in the micro pin fin geometry, as explained in 

detail by [40]. The uncertainties in the measured and calculated variables are calculated according to 

[42], see Eq. (20) and Table 2. 

KL = √{ NONP1 KR1}2 + { NONP2 KR2}2 + ⋯+ { NONPV KRV}2
 (20) 

In Eq. 920 above P1 and PV are the measured parameters having uncertainties of KR1 and KRV. Error 

bars are also included in all the present figures. The standard deviation of the measured pressure drop 

signal is calculated to assess flow instability (flow oscillations) as follows: 

X(∆�) = √∑ (�2 − �̅2)222−1 [  (21) 



n denotes the number of data points. The energy consumed by the pump is calculated from Eq. (22). \� = �̇∆��ℎ���  (22) 

The pump efficiency � is assumed to be 80% in the present analysis. The cooling capacity is also 

calculated as follows: \�� = �".�.
. (23) 

where �. and 
. are the base width of the heat sink (20 mm) and the base length (channel length of 25 

mm), respectively. A degassing process was conducted to ensure that there was no air trapped in the 

experimental facility. Single-phase flow experiments were then carried out to commission and validate 

all the sensors of the experimental rig. The two-phase flow experiments were performed at an inlet 

pressure of 1 bar, inlet subcooling of 5 K, mass flux of 100‒300 kg/m2 s and wall heat flux up to around 

324 kW/m2. This heat flux was gradually increased until the exit vapour quality of one, or the critical 

heat flux was reached. 

 

3. Results and discussion 

3.1 Single-phase validation 

Single-phase flow validation was performed for all three heat sinks. Here we present the results for 

the multi-channels heat sink. Fig. 6 shows the present single-phase using diabatic and adiabatic 

experiments. The correlations of Shah and London [43] and Copeland [44] provided a very good 

prediction of the present friction factor results with a mean absolute error of 9% and 15%, respectively, 

see Fig. 6(a). The present Nusselt number results also showed good agreement with the correlations of 

Jiang et al. [45] and Lee and Garimella [46] with a MAE of 9‒23%, as shown in Fig. 6(b). Similar 

comparison resulted for the micro-gap and the micro pin fin heat sinks, i.e. single-phase results were in 

a good agreement with past correlations both in terms of the friction factor and the Nusselt number 

predictions, see [40], [41]. Therefore, it was concluded that the experimental facility used is well 

validated for the present flow boiling studies. 

 

3.2 Flow boiling patterns 

The Phantom high-speed camera was adopted to visualise the flow patterns along the heat sinks and 

at different operating conditions. The camera was set at 512 × 512 pixel and 3500 fps for the multi-

channels and the micro pin fin heat sinks, while these settings were changed to 1280 × 1024 pixel and 

1800 fps for the micro-gap heat sink to capture a wider area. The visualisation locations along the heated 

length are presented in Fig. 7. 

3.2.1 Flow patterns in the micro-gap heat sink 

The supplied heat flux was set at very low values to clearly visualise the features of flow patterns at 

the onset of boiling. Fig. 8 depicts different wall heat fluxes at an inlet pressure of 1 bar and mass flux 



of 100 kg/m2 s. At low heat flux of 39 kW/m2, most of the bottom surface was not active, while some 

nucleating bubbles originated at the edge of this heat sink, see Fig 8(a) indicating that these sharp edges 

can promote nucleation. When the heat flux increased to 58.6 kW/m2, a larger number of bubbles 

originated from the bottom surface as shown in Fig. 8(b). It is interesting to know that these nucleating 

bubbles formed at the surface feed marks. A close-up image of the surface depicted in Fig. 8(c) verified 

that these feed marks had grooves and peaks. These grooves could behave like tiny channels, promoting 

more nucleation sites. 

The present flow visualisation results at 1 bar inlet pressure, 100 kg/m2 s mass flux and different heat 

fluxes is shown in Fig. 9. Three main flow patterns were observed, namely bubbly, mixed and vapour 

layer flow. At 83 kW/m2, bubbly flow is seen in this figure as a number of small and round bubbles 

formed on the surface and travelled in the liquid flow. Mixed flow was seen at 137 kW/m2 as larger 

bubbles mixing with liquid phase flow. A dryout spot underneath these large bubbles was captured 

during this flow regime. Vapour layer flow was visualised when the heat flux was 167 kW/m2. This 

flow regime occurred due to the collision of large vapour bubbles. At these operating conditions, liquid 

straps and dryout areas on the bottom surface can clearly be seen. These liquid straps formed on the 

heated surface as a thin liquid film surrounded by large dryout spots, see the red dashed lines. These 

liquid straps were found to shrink with time due to the evaporation process leading to an increase in the 

dryout areas on the surface. 

Fig. 10 shows other interesting features during bubbly flow visualised in this geometry when the heat 

flux was set at 72 kW/m2. It can be seen that, at a designated time of 0 ms, nucleating bubbles occurred 

on this surface, which flow towards the outlet, as indicated by the yellow arrow. After 10 ms, a vapour 

layer formed at the edge and tended to move towards the centre of the heat sink. In addition, some 

dryout spots can be captured in this layer at 20 ms. At 65 ms, a second vapour layer with a dryout spot 

occurred at the opposite edge. High generation of nucleating bubbles and coalescence rates at these 

edges can lead to the appearance of large vapour layers. The rapid bubble generation at the edges led to 

the entire flow being pushed in a zig-zag motion, see the yellow arrows in this figure. It is interesting 

to know that, flow reversal was not seen in the micro-gap heat sink. 

 

3.2.2 Flow Patterns in the multi-channels heat sink 

Different features of flow patterns were visualised at a system pressure of 1 bar and mass flux of 300 

kg/m2 s as shown in Fig. 11. Bubbly flow was observed at this location with bubbles origination from 

the bottom surface and the wall-edges when the wall heat flux was set at 88.5 kW/m2. This large number 

of bubbles had a smaller size than the channel width and were firstly seen to form at the wall-edges of 

the multi-channels. The angle between the side-wall of the channel and the bottom surface could trap 

the vapour and act as an active nucleation site. Slug flow occurred when the heat flux increased to 120 

kW/m2. The vapour slugs having rounded tips were similar in size to the channel width. Some long 

vapour slugs followed by small bubbles were visualised at this location. Confined bubbles could expand 



in both directions, i.e. towards the channel inlet and outlet; a phenomenon that can lead to flow reversal 

within these micro-channels, see also [38]. Some small nucleating bubbles were also found in the liquid 

film between the surface and the vapour interface. Churn flow, as a mixture of vapour and liquid, 

occurred at a heat flux of 197 kW/m2. When the heat flux increased to 300 kW/m2, annular flow was 

found as a vapour core surrounded by a liquid film. A very thin liquid film, seen as a dark layer, between 

the channel sidewalls and the vapour core was visualised by the present camera, see Fig. 11. 

 

3.2.3 Flow patterns in the micro pins heat sink 

The flow patterns along this heat sink were presented in Fig. 12. At the heat sink inlet, nucleating 

bubbles were found to form at the wall-edges of the pins, indicating that an increased pin density will 

favour bubble generation. These bubbles were seen to move forward, passing between the pins. Mixed 

flow with large bubbles and liquid was visualised at the middle of the heat sink. Active nucleation sites 

around the pins can also be seen in this flow regime. At the heat sink outlet, a vapour layer flow 

developed both on the surface and between the pin arrays. Some nucleating bubbles in the liquid film 

around these pins can still be found. A zig-zag flow without flow reversal was also seen in this 

geometry; further analysis is provided by [40]. 

The above-mentioned discussion showed that distinct, different flow regimes occurred in each heat 

sink. Bubble generation at the inlet, followed by bubble coalescence at the middle and outlet, and a 

reduction in the local pressure along the heated length can lead to these subsequent flow patterns. 

Summarising, it can be concluded that; (i) both the multi-channels and the micro pin fin heat sinks 

provided more nucleation sites than those observed in the micro-gap heat sink. An increased number of 

channels or pins can promote a higher number of nucleating bubbles, (ii) dryout spots clearly formed 

on the surface and along the micro-gap heat sink, (iii) zig-zag flow was visualised in the micro-gap and 

the micro pin fin heat sinks, (iv) flow reversal occurred in the multi-channels, and (v) the micro pin fin 

heat exchanger offered the larger number of nucleation sites, even at the outlet location and at high heat 

fluxes. 

 

3.3 Two-phase heat transfer results 

This section discusses the experimental heat transfer results by presenting and discussing the boiling 

curve, the local heat transfer coefficient along the heated length and the average two-phase heat transfer 

coefficient at different operating conditions for each geometry. 

 

 

3.3.1 Heat transfer in the micro-gap heat sink 

Fig. 13(a) shows the boiling curve of HFE-7100 in the micro-gap heat sink at three different mass 

fluxes. As seen in the figure, the onset of nucleate boiling (ONB) occured at low wall heat flux, around 

30 kW/m2. Subsequently, the wall heat flux increased with temperature difference ("! − "��-) with a 



sudden jump in the temperature difference when the dryout region is reached. The CHF can clearly be 

identified in this figure. The mass flux had an insignificant effect on the wall heat flux within the range 

studied. However, it should be noted that increasing mass flux led to an increase the possible range of 

CHF. A maximum wall heat flux of 232 kW/m2 was reached when the mass flux was set at 200 kg/m2 

s. The local heat transfer coefficient versus the local vapour quality is also presented in Fig. 13(b-c). 

The corresponding local flow patterns related to these is also presented in the figure. It can be seen that 

maximum local two-phase heat transfer coefficient occurred at very low local vapour qualities, in the 

presence of bubbly flow. The local two-phase heat transfer coefficient reduced along the heated channel, 

when this flow pattern changed to mixed flow or vapour layer flow. It is also seen in the figure that 

increasing wall heat flux led to an increase in the local two-phase heat transfer coefficient, while the 

mass flux resulted in an insignificant effect. The average two-phase heat transfer coefficient versus the 

wall heat flux is presented in Fig. 13(d). It is clearly seen that increasing wall heat flux resulted in an 

increase in the average heat transfer coefficient until the dryout region occurred, when a clear reduction 

was found. The mass flux had no effect on the average two-phase heat transfer coefficient but as 

mentioned above, it can extend the CHF to higher values. 

 

3.3.2 Heat transfer in the multi-channels heat sink 

The experimental boiling curve of the multi-channels heat sink is shown in Fig. 14(a). This figure 

covers a wall heat flux of 8‒308 kW/m2 and temperature difference up to 36 K. As seen in the figure, 

the ONB started at a low temperature difference, i.e. around 5 K. After that, the wall heat flux increased 

monotonically with increasing temperature difference. Fig. 14(a) illustrates that, for a given temperature 

difference, increasing mass flux from 100 to 300 kg/m2 s did not affect the wall heat flux. However, as 

above for the micro-gap, the possible CHF was found to increase with increasing mass flux. For 

example, the maximum wall heat flux, verified by the rapid change in temperature difference, was 136, 

265 and 308 kW/m2 at a mass flux of 100, 200 and 300 kg/m2 s, respectively. Law and Lee [33] and 

Kosar and Peles [47] reported that the CHF was found to increase with increasing mass flux, which is 

similar to our findings. The local heat transfer coefficient variation with local vapour quality and 

different wall heat flux and mass flux is presented in Fig. 14(b-c). A higher local two-phase heat transfer 

coefficient can be seen at very low local vapour quality for a given heat or mass flux. This was found 

to decrease with increasing local vapour quality along the heat sink. The transition in flow patterns 

along the heated length as presented in this figure, i.e. from bubbly flow (high nucleation at the inlet) 

to slug, churn and then annular flow (with reduction or suppression of nucleation) could lead to this 

local reduction in the heat transfer coefficient [38]. This figure also illustrates that increasing wall heat 

flux from 78 to 242 kW/m2 led to an increase in the local two-phase heat transfer coefficient by 

activating more nucleation sites on the surface. The maximum local two-phase heat transfer coefficient 

was found to be 13.29 kW/m2 K at these operating conditions. The mass flux effect on the local heat 

transfer coefficient was insignificant in the range studied, i.e. 100‒300 kg/m2 s. The average two-phase 



heat transfer coefficient of the multi-channels heat sink is depicted in Fig. 14(d). It can be seen that, for 

a given mass flux, an increase in the wall heat flux led to an increase in the average two-phase heat 

transfer coefficient. However, a noticeable reduction in the average two-phase heat transfer coefficient 

can be seen during the dryout region. Flow visualisation results demonstrated that increasing wall heat 

flux promoted more nucleation sites on the surface until the dryout areas in the annular flow occurred 

leading to this reduction. This figure also shows that increasing mass flux from 100 to 300 kg/m2 s had 

an insignificant effect. However, the CHF increased with mass flux, indicating the importance of this 

design in the upper limit of operation of the heat sink. The maximum average two-phase heat transfer 

coefficient was 13.43 kW/m2 K at wall heat flux of 275 kW/m2 and mass flux of 300 kg/m2 s. 

 

3.3.3 Heat transfer in the micro pins heat sink 

The experimental heat transfer results using the micro pins are presented in Fig. 15. Further details 

and discussion can be found in [40]. These are similarities with the findings for the micro-gap and the 

micro-channels heat sink. The wall heat flux increased monotonically with temperature difference, 

without a mass flux effect, see Fig. 15(a). In addition, the local and the average heat transfer coefficient 

increased with the applied heat flux. High local heat transfer coefficient measurements were found at 

the inlet of this heat sink, i.e. at low local vapour qualities where bubbly flow is the dominant flow 

regime as shown in Fig. 15(b-c). The mass flux had no effect on the heat transfer results, see Fig. 15(d), 

while it showed a clear effect on the possible maximum heat flux, again pointing out to the possible 

importance of this parameter in deciding the operational limits of the heat sink. One of the noticeable 

differences between these results and the results found in the other geometries is the fact that the dryout 

region and then the critical heat flux conditions were not reached in this geometry for the range studied, 

i.e. this geometry can deliver higher thermal operational limits. Maximum wall heat flux was reached 

at 324 kW/m2 at a maximum mass flux of 250 kg/m2 s as shown in these results. 

 

3.3.4 Heat transfer rates comparison in the three geometries 

Fig. 16(a) shows the boiling curve of three heat sinks at a system pressure of 1 bar and mass flux of 

100 kg/m2 s. For a given temperature difference, the micro pin fin heat sink provided higher wall heat 

fluxes than the other heat sinks, with the lowest values reached in the micro-gap. At these operating 

conditions, the maximum wall heat flux was recorded at 136, 167 and 180 kW/m2 for the multi-

channels, the micro-gap and the micro pin fin heat sink, respectively. However, as seen in the figure, 

the micro pin fin heat sink can reach heat fluxes beyond 180 kW/m2, without reaching CHF conditions. 

These results can clearly be linked to the different features of flow patterns discussed in Section 3.2. 

The pin fin geometry can promote higher nucleation rates around their perimeter, even at high heat 

fluxes, i.e. nucleation in the liquid film surrounding these pins. They also result in better mixing of the 

liquid and vapour generated. This could prevent dryout spots forming on the surface and enhance the 



thermal performance. In contrast, dryout spots were observed on the micro-gap surface even at the inlet, 

while also seen in the liquid film of the annular flow in the multi-channels. 

Fig. 16(b) shows the local heat transfer coefficient versus the dimensionless axial location for the 

three geometries at a wall heat flux around 100 kW/m2 and mass flux of 100 kg/m2 s. The pin fin 

geometry provided the highest local two-phase heat transfer coefficients with the micro-gap heat sink 

demonstrating the lowest values. As discussed in Section 3.2, at the inlet, a large number of small 

bubbles can be seen in the micro pin fin heat sink, with a smaller number of larger bubbles captured in 

the multi-channels. Nucleating bubbles but with some dryout spots on the surface were recorded at the 

inlet of the micro-gap. At the outlet, a liquid film with numerous nucleation sites around the pin 

perimeter without dryout was seen, enhancing the evaporation and heat transfer process. In contrast, a 

liquid film with a small number or completely supressed nucleation sites were seen during the annular 

flow in the multi-channels, and clearly seen dryout areas on the micro-gap surface had a significant 

diminishing effect on the local surface temperatures and the local two-phase heat transfer coefficients. 

Fig. 16(c) illustrates that all the three heat sinks showed an increase in the average two-phase heat 

transfer coefficient with heat flux, as discussed before. However, in the micro-gap and the multi-

channels heat sinks, the heat transfer coefficient decreased in the dryout region leading to CHF. At a 

given wall heat flux, the micro pin fin heat sink showed higher average two-phase heat transfer 

coefficient compared to the micro-gap and the multi-channels heat sinks without reaching CHF in the 

ranged studied. 

Uniform surface temperature distribution along the entire heat sink is another design criterion to 

consider in electronics. Non-uniform and high surface working temperature along the heat sink, and 

hence the electronic substrate to be cooled, could lead to high thermal stress and then thermal failure. 

Accordingly, this temperature distribution for the different design geometries was examined in Fig. 

16(d). The local wall temperature at five locations along the heated length was plotted at an inlet 

pressure of 1 bar, wall heat flux around 115 kW/m2 and mass flux of 100 kg/m2 s. In this figure, ∆"! 

represents the difference between the lowest temperature (1st location) and the highest temperature (5th 

location). The average wall temperature "̅! was calculated by taking into account all these five 

locations. As depicted in this figure, the local wall temperature increased along the heated length for all 

heat sinks. The nucleation process diminishes along the heat sink with the occurrence of the subsequent 

flow regimes, see Section 3.2, which could lead to an increase in the local surface temperature along 

the heat sink. However, the variation in wall temperature is different in the three heat sinks. The 

temperature difference across the micro pin fin, micro-gap and multi-channels heat sinks was found to 

be 0.7 K, 0.8 K and 1.5 K, respectively. Furthermore, at these operating conditions, the average wall 

temperature of the micro pin fin, multi-channels and micro-gap heat sinks was measured at 73 °C, 76 

°C and 82 °C, respectively. This low average surface temperature and temperature difference along the 

micro pin fin heat sink is due to the higher number of nucleation sites and good fluid mixing, which can 

reduce the number of dryout spots, as discussed above. In contrast, a small number of nucleation sites 



with clear dryout spots along the micro-gap heat sink, even near the inlet, could lead to this high average 

surface temperature. In the multi-channels, bubbly flow was clearly visualised at the inlet, then slug, 

churn and annular flow occurred towards the outlet. The high number of nucleation sites near the inlet, 

with the number reducing along the flow direction, with possible dryout spots during annular flow at 

the outlet can result in a noticeable temperature difference. This can also be seen at the last three local 

thermocouples, i.e. these locations had higher temperatures than the first two locations. 

From the perspective of the design of cooling of electronics, the base heat flux should be identified 

here, as it directly represents the thermal power dissipated by chipsets. Therefore, the experimental 

boiling curve was re-plotted using the base heat flux versus the temperature difference as shown in Fig. 

17. At 1 bar inlet pressure and mass flux of 100 kg/m2 s, the base heat flux was found to increase with 

increasing the temperature difference as a normal thermal trend. Both the micro pin fin and the multi-

channels heat sinks provided higher base heat fluxes compared to the micro-gap heat sink due to the 

higher wall heat fluxes (heat transfer coefficients) and larger total heat transfer area. This figure also 

shows that the micro pin fin heat sink has higher base heat flux than that seen in the multi-channels heat 

sink because of the enhanced heat transfer process, as explained in the above sections. It can also be 

seen that around 350 kW/m2 maximum base heat flux was reached in the micro pin fin heat sink due to 

the suppression of CHF in this geometry. Maximum base heat fluxes of 262 kW/m2 and 184 kW/m2 

were found in the multi-channels and the micro-gap heat sinks, respectively. 

 

3.4 Two-phase pressure drop 

The experimental two-phase pressure drop versus the exit vapour quality for each heat sink is 

presented in Fig. 18. For the micro-gap heat sink, this data covered a wall heat flux of 30‒232 kW/m2 

and mass fluxes of 100, 150 and 200 kg/m2 s, as shown in Fig. 18(a). For the multi-channels heat sink, 

Fig. 18(b) covered a wall heat flux of 8‒308 kW/m2 and mass flux of 100‒300 kg/m2 s. Fig. 18(c) 

depicts the experimental data of the micro pins heat sink for a wall heat flux of 18‒324 kW/m2 and mass 

flux of 100‒250 kg/m2 s. It can be seen that, for each heat sink, the two-phase pressure drop was found 

to increase with increasing exit vapour quality (heat flux). This could be due to the high bubble 

generation, coalescence rate and flow resistance when the heat flux is increased. In addition, increasing 

mass flux can lead to an increase in the two-phase pressure drop as a result of high wall shear stress. 

The geometry effect on the two-phase pressure drop is shown in Fig. 19(a) at an inlet pressure of 1 

bar and mass flux of 200 kg/m2 s. This figure shows that, for a given exit quality, the micro pin fin heat 

exchanger had the highest two-phase pressure drop, with the lowest pressure drop reached in the micro-

gap geometry. The micro-gap heat sink, as a plain and wide surface without flow disruption, is expected 

to provide lower wall shear stress and lower pressure drop. It is worth noting that, the maximum 

recorded two-phase pressure drop at this mass flux of 200 kg/m2 s, was only around 13 kPa at an exit 

vapour quality of 0.95 using the micro pin fin heat sink. This pressure drop is considered small 



compared to the total pressure drop across the entire thermal management system that will be required 

for cooling electronic components. 

Fig. 19(b) is presented here to show the local total pressure (including single-phase and two-phase 

regions) along these heat sinks at a wall heat flux of 160 kW/m2 and mass flux of 200 kg/m2 s. It can be 

seen that the local total pressure decreased along the heated length. A small reduction can be seen in 

the single-phase region, while a clear reduction can be found during the two-phase region. A linear 

pressure drop with axial length was assumed in this calculation, hence the linear drop of the local 

pressure along the heated length. This assumption was discussed in Lee and Karayiannis [48]. This 

figure also depicts that, at these operating conditions, the micro pin fin heat sink had a pressure drop of 

5.5 kPa compared to the multi-channels with 1.8 kPa pressure drop. The micro-gap heat sink showed 

the lowest pressure drop of 0.5 kPa. 

From a design point of view, flow instability is considered a crucial challenge in using two-phase 

flow systems for electronics cooling. Flow reversal is commonly reported in the literature, especially in 

micro-scale configurations. This issue could affect the performance of any thermal management system. 

Therefore, the geometry effect on the boiling flow instability is presented in Fig. 19(c). This figure 

covers an inlet pressure of 1 bar, wall heat flux of 67 kW/m2 and mass flux of 100 kg/m2 s over a 10-

second window. The signal fluctuation of the measured total pressure drop (in the entire heat sink), 

measured directly using a differential pressure transducer with an accuracy of ±0.07%, was used to 

assess this issue. The figure depicts that the fluctuation in the pressure drop signal of the micro pin fin 

heat sink was found to be only 0.07 kPa. The micro-gap also had low fluctuation of 0.08 kPa. In contrast, 

the multi-channels heat sink showed the largest pressure drop fluctuation of 0.52 kPa. This higher 

fluctuation in the pressure drop signal in the multi-channels could be due to the flow reversal that 

occurred in this geometry. This could be due to the confinement effect by the channel side-walls 

resulting also in an increased heat transfer rate to the vapour slugs and leading to expansion in both 

directions, i.e. towards the inlet and outlet. This phenomenon was discussed in detail in Al-Zaidi et al. 

[38] using rectangular multi-channels with the same working fluid. Back-flow or flow reversal was not 

seen in the micro-gap and the micro pin fin heat sinks leading to this low pressure drop fluctuation in 

these two geometries. 

 

3.5 Pumping power required 

The abovementioned discussion showed that the micro pin fin geometry should be considered for 

moderate and high heat flux electronics instead of using the micro-gap or the multi-channels heat sinks. 

This is due to the following reasons; (i) the possibility of achieving higher heat fluxes without reaching 

the dryout region and CHF, (ii) reduction in instabilities and suppression of flow reversal and (iii) more 

uniform temperature distribution along the heat sink. The two-phase pressure drop introduced by these 

pins is higher than single-phase flows and the micro-gap and the multi-channels heat sink studied. 

However, the energy consumption of these two systems should be evaluated to clarify this point. Fig. 



20 shows a comparison between the single-phase and the two-phase flow systems using the present 

micro pin fin heat sink. For the single-phase results, this figure was plotted at an inlet pressure of 1 bar 

and fluid temperature difference of 20 K, i.e. at fluid inlet and outlet temperature of 20 °C and 40 °C, 

respectively. In addition, the mass flux was varied up to 1098 kg/m2 s to achieve the same dissipated 

heat transfer rates during the two-phase flow experiments. The two-phase flow operating conditions 

were carried out at 1 bar inlet pressure, 55 °C inlet fluid temperature (5 K degree of subcooling) and 

mass flux of 250 kg/m2 s. The supplied heat was increased until the exit vapour quality of one was 

reached. Fig. 20(a) depicts that both single-phase and two-phase pressure drop increased with increasing 

required cooling capacity. This is due to the fact that higher mass flow rates (high wall shear stress) are 

required in the single-phase flow with increasing cooling capacity. In the two-phase flow system, at a 

given mass flux, the two-phase pressure drop components increased with increasing heat transfer rates 

as a result of flow resistance. This figure also shows that, for a given cooling capacity, the two-phase 

pressure drop was much higher than the single-phase pressure drop as expected. This became more 

noticeable with increasing cooling capacity. For example, at a maximum cooling capacity of 315 W, 

the pressure drop of the micro pin fin heat sink was found to be 11 kPa for the single-phase and 18 kPa 

for the two-phase, i.e. an increase of 64%. However, a different trend can be seen when the pumping 

power versus the cooling capacity is plotted in Fig. 20 (b). Generally, the energy consumption by the 

pump to meet this load was determined to be relatively small, i.e. less than 0.14 W. This is because only 

the pressure drop across the pins geometry was considered here, and higher pumping power is expected 

when the entire thermal management system is included. It can also be seen that the pumping power 

increased with the cooling capacity as a result of high pressure drop in both systems. At a cooling 

capacity lower than 150 W, the two-phase flow system showed slightly higher pumping power than that 

in the single-phase flow. In contrast, when the cooling capacity increased above 150 W, the two-phase 

flow system consumed lower energy compared to the single-phase flow. Higher mass flow rates should 

be required in the single-phase flow compared to the two-phase flow in order to achieve the same 

cooling capacity. In other words, the pumped two-phase flow system consumes lower power for the 

same cooling capacity due to the lower mass flow rates as a result of phase-change. 

For most electronics, the thermal design power generated by chipsets can be equal or more than 150 

W. For example, the most recent Intel Core Ultra 7 processor (270 K Plus) can generate a TDP of 250 

W at maximum turbo power (highest power consumption of the processor) [49]. The present 

comparison shows that, at this TDP, the pumping power required in the single-phase flow was found to 

be two times higher than that in the two-phase flow system as shown in Fig. 20(b). It is interesting to 

know that CPU Water Coolers are widely used to cool down this generated thermal power. However, 

using water as a coolant can result in a number of issues such as: (i) corrosion, (ii) contamination, (iii) 

high electrical conductivity (leakage and then short-circuit fault), (iv) freezing expansion, and (v) non-

uniform temperature distribution. The present pumped two-phase flow system with micro pin fin 

geometry shows a potential thermal performance and can be safely used. The average surface 



temperature reported in this figure was lower than 90 °C, which is within the acceptable range of this 

CPU, i.e. 105 °C at maximum operating temperature [49]. This design can be scaled for large cooling 

applications, such as data centres, to handle high thermal loads while reducing total energy consumption 

and carbon footprint. 

4. Conclusions 

Two-phase flow of HFE-7100 in three different heat sink geometries was experimentally tested at a 

system pressure of 1 bar, inlet subcooling of 5 K, mass flux of 100‒300 kg/m2 s and wall heat flux up 

to 0.324 MW/m2. Micro-gap, multi-channels and micro pin fin heat sinks were examined in this study. 

A high-speed camera was used to study the effect of different parameters on the flow boiling patterns. 

The following findings can be summarised: 

Different flow regimes were visualised at different operating conditions. These flow regimes were 

also found to vary in the three examined geometries. The flow regimes in the micro-gap geometry were 

bubbly, mixed and vapour layer-liquid straps flow. In the micro-channels heat sink four different flow 

regimes were observed, namely: bubbly, slug, churn and annular flow. In the micro pin fin heat 

exchanger three flow regimes can be identified: bubbly, mixed and vapour layer flow. It was observed 

that the wall-edges of the channels or the pins can promote a higher number of nucleation sites compared 

to the simple micro-gap geometry. In addition, the surface feed marks (surface microstructures 

introduced by the cutting tools) can also enhance nucleation. Flow reversal was observed in the multi-

channels, and a zig-zag flow without back-flow was visualised in the micro-gap and the micro pins heat 

sinks. 

The heat transfer coefficient increased with increasing wall heat flux, with the micro pin fin geometry 

providing higher heat transfer coefficients compared to the other two geometries. Dryout and then the 

critical heat flux were found to occur in the micro-gap and the multi-channels heat sinks at lower 

temperature differences compared to the micro pin fin heat sink. The CHF flux was 232 kW/m2 and 

308 kW/m2 for the micro-gap and the multi-channels heat sink for the range studied. The micro pin fin 

heat sink can operate at higher heat flux values, i.e. CHF was not reached in the present range.  

The mass flux effect on the boiling curve was insignificant in the examined ranges. However, it is 

worth noting the higher mass flux can allow the heat sinks to operate at higher heat fluxes before 

reaching critical heat flux, hence it can be considered a critical parameter in system design. 

The resulting temperature distribution of the surface to be cooled, i.e. electronic chip in this case, is 

important along with the actual resulting temperature at a given thermal load. It was concluded that the 

micro pin fin geometry can provide the lowest surface temperature with less variation between the inlet 

and outlet of the heat sink.  

Higher two-phase pressure drop was recorded in the micro pins heat sink compared to the micro-gap 

and the multi-channels heat sinks. However, this is a small component of the total pressure drop in the 

thermal management system. In addition, the experimental analysis of energy consumption using this 



geometry showed that the pumped two-phase flow system consumed less energy than the single-phase 

flow system in achieving the same cooling loads. 
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Nomenclature 

A Area (m2) 45 Specific heat capacity (J/kg K) 	ℎ Hydraulic diameter (m) 𝑓 Friction factor (-) 

G Mass flux (kg/m² s) 

h Heat transfer coefficient (W/m2 K) ℎ̅ Average heat transfer coefficient (W/m2 K) 

H Height (m) 

i Specific enthalpy (J/kg) I�J Latent heat of vapourisation (J/kg) 

k Thermal conductivity (W/m K) 
 Length (m) 

m Fin parameter, see Eq. (12) (-) �̇ Mass flow rate (kg/s) 

n Number of data points (-) ��ℎ Number of channels (-) ��12 Number of pins (-) 

Nu Average Nusselt number (-), �+ = ℎ̅	ℎ/,� 
P Pressure (Pa) \��  Cooling capacity (W) \� Pump power (W) �" Heat flux (W/m²) 

Ra Average surface roughness (µm) 

Sa Average surface roughness of scanned area (µm) ^_ Diagonal pitch (m) ^' Longitudinal pitch [m) ^B Transverse pitch (m) 

T Temperature (K) "̅ Average temperature (K) 

U Absolute uncertainty (-) 

W Width (m) 

x Vapour quality (-) 

y Vertical distance between first row of thermocouples and surface bottom (m) 

z Distance measured from inlet to end of heated length (m) X(∆�) Standard deviation of experimental pressure drop (Pa) 

 

 

 



Greek Symbols 

∆P Pressure drop (Pa) 

∆T Temperature difference (K) 

 Efficiency (-) � Density (kg/m³) 

 

Subscripts 

b Base 

ch Channel 

cu Copper 

f Fin 

ht Heat transfer 

in Inlet 

l Liquid 

meas Measured 

p Pump 

sat Saturation 

sc Sudden contraction 

se Sudden expansion 

sp Single-phase 

sub Sub-cooled 

th Thermocouple 

tp Two-phase 

w Wall 

z Axial location 

 
Abbreviations 

CHF Critical heat flux (W/m2) 

MAE Mean absolute error (-) 

ONB Onset of nucleate boiling (-) 

PP Pumping power (W) 

TDP Thermal design power (W) 

VCC Vapour compression cycle (-) 
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List of tables 

Table 1 Dimensions and surface roughness measurements of the present heat sinks, see Fig. 5(c). 

 

 

Symbol Unit Micro-gap Multi-channels Micro Pins �. mm 20 20 20 
. mm 25 25 25 ��ℎ or ��12 mm 1 1 1 ��ℎ mm 20 0.95 --- �: mm --- 0.6 0.6 ^B mm --- --- 2.19 ^' mm --- --- 1.095 ^_ mm --- --- 1.55 	ℎ mm 1.9 0.97 1.14 ��ℎ or ��12 - 1 13 207 7ℎ- m2 0.00055 0.00096 0.00097 `� μm 0.122 0.102 0.151 ^� μm 0.132 0.103 0.114 

 

 



Table 2 Experimental uncertainties. 

 

 

Variables Uncertainty 

Temperature ±0.21−0.6 K 

Pressure ±0.25% 

Mass flow rate ±0.035% 

Fanning friction factor up to ±4.7% 

Reynolds number ±0.28‒0.4% 

Average Nusselt number ±11‒16% 

Wall heat flux up to ±17% 

Average two-phase heat transfer coefficient up to ±16% 
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Fig. 1 Thermal operating conditions of different applications. 

(sun image source: solarsystemscope.com)



   

Fig. 2 Thermal limits of different thermal management solutions for electronics (existing and under development).



  

 

 Fig. 3 Schematic diagram of multiple micro-evaporators pumped two-phase flow system for 

electronics (not to scale). 



 

Fig. 4 Present experimental facility, [38]. 
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                      Micro-gap                                Multi-channels                              Micro pins 

 

Fig. 5 Present test section: 

(a) Exploded drawing, [40] (b) Heat sink dimensions in [mm] (c) Photograph of three heat sinks. 
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      (b) 

 

Fig. 6 Validation results for the multi-channels: 

(a) Fanning friction factor (b) Average Nusselt number. 



  
 

Fig. 7 Locations of flow visualisation measured from channel inlet. 



Flow Direction →  

 

(a) �"!: 39 kW/m2 

  

(b) �"!: 58.6 kW/m2 

 

(c) 

Microscope image: 

3X magnification 

 

Fig. 8 Effect of wall heat flux at inlet pressure of 1 bar, mass flux of 100 kg/m2 s and location (1), for 

the micro-gap. 

 

 



Flow Direction →  

 

Bubbly flow �"!: 83 kW/m2 

 

Mixed flow �"!: 137 kW/m2 

  

Vapour layer-

liquid straps flow �"!: 167 kW/m2 

 

Fig. 9 Effect of wall heat flux at inlet pressure of 1 bar, mass flux of 100 kg/m2 s and location (2), for 

the micro-gap. 

 



Flow Direction → 

  

0 ms 10 ms 

  
20 ms 65 ms 

 

Fig. 10 Zig-zag flow at inlet pressure of 1 bar, mass flux of 100 kg/m2 s, wall heat flux 72 kW/m2 and 

location (1), for the micro-gap. 

 



Flow Direction →  

 

Bubbly flow �"!: 88.5 kW/m2 

 

Slug flow �"!: 120 kW/m2 

 

Churn flow �"!: 197 kW/m2 

 

Annular flow �"!: 300 kW/m2 

 

Fig. 11 Effect of wall heat flux at inlet pressure of 1 bar, mass flux of 300 kg/m2 s and location (2), for 

the multi-channels. 

 



 Flow Direction →  

Location (1) Location (2) Location (3) 

 
Bubbly flow 

 
Mixed flow 

 
Vapour layer flow 

 

Fig. 12 Flow patterns along the micro pins heat sink at inlet pressure of 1 bar, mass flux of 100 kg/m2 

s and wall heat flux around 47 kW/m2, [40]. 
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          (a)           (b) 

 
 

         (c)           (d) 

 

Fig. 13 Experimental heat transfer results for the micro-gap heat sink: 

(a) Boiling curve (b) Local heat transfer coefficient at different heat fluxes (c) Local heat transfer 

coefficient at different mass fluxes (d) Average two-phase heat transfer coefficient. 

B: bubbly, M: mixed, V: vapour layer-liquid straps flow 
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         (a)           (b) 

 
 

         (c)            (d) 

 

Fig. 14 Experimental heat transfer results for the multi-channels heat sink: 

(a) Boiling curve (b) Local heat transfer coefficient at different heat fluxes (c) Local heat transfer 

coefficient at different mass fluxes (d) Average two-phase heat transfer coefficient. 

B: bubbly, S: slug, C: churn, A: annular flow 
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         (a)              (b) 

  

         (c)             (d) 

 

Fig. 15 Experimental heat transfer results for the micro pins heat sink, [40]: 

(a) Boiling curve (b) Local heat transfer coefficient at different heat fluxes (c) Local heat transfer 

coefficient at different mass fluxes (d) Average two-phase heat transfer coefficient. 

B: bubbly, M: mixed, V: vapour layer flow 
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         (a)                (b) 

  

          (c)         (d) 

 

Fig. 16 Comparison of heat transfer rates and temperature profile for the three heat sinks: 

(a) Boiling curve (b) Local heat transfer coefficient (c) Average two-phase heat transfer coefficient 

(d) Surface temperature distribution along the heat sink. 
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Fig. 17 Base heat flux versus temperature difference for the three heat sinks. 
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          (a) 

 
       (b) 

 
           (c) 

 

Fig. 18 Experimental two-phase pressure drop: 

(a) Micro-gap (b) Multi-channels (c) Micro pins fin, [40]. 
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         (a) 

 

          (b) 

 
       (c) 

 

Fig. 19 Comparison of pressure results for the three heat sinks: 

(a) Two-phase pressure drop (b) Local total pressure (c) Signal fluctuation of the measured total 

pressure drop. 
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           (a) 

 

           (b) 

 

Fig. 20 Comparison between single-phase and two-phase flow of the present micro pins heat sink: 

(a) Pressure drop (b) Pumping power (CPU image source: intel.com). 
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