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Abstract 9 

Gas turbine cycles are widely employed for power generation and propulsion, yet their 10 

thermodynamic performance is strongly influenced by compressor pressure ratio, turbine inlet 11 

temperature, ambient temperature, and internal irreversibilities. Conventional performance 12 

assessments predominantly emphasize thermal efficiency and net power output, whereas the 13 

simultaneous effects of entropy generation, component-wise exergy destruction, operating 14 

feasibility, and multi-objective performance of simple and intercooled Brayton cycles remain 15 

insufficiently quantified. In particular, the thermodynamic trade-off associated with intercooling 16 

between enhanced specific power and increased irreversibility requires systematic investigation 17 

under variable operating conditions. This study addresses this gap through a comprehensive 18 

energy, entropy-generation, and exergy-destruction analysis of simple and two-stage intercooled 19 

gas turbine cycles. An ideal-gas air model with temperature-dependent specific heat for 20 

combustion products is developed, incorporating compressor and turbine isentropic efficiencies, 21 

combustor efficiency and heat loss, intercooler effectiveness, and variations in pressure ratio, 22 

turbine inlet temperature, and ambient temperature. Physical and chemical exergies of the fuel and 23 

combustion products are evaluated, while component-wise entropy generation and exergy 24 

destruction are quantified. The computational framework is numerically verified using analytical 25 

Brayton-cycle relations, exergy–entropy consistency, component-wise exergy balances, and the 26 

overall cycle exergy balance. A total of 1,274 operating cases are evaluated, followed by operating-27 

feasibility, equal-weight multi-objective decision-index, and Pareto analyses. The results show 28 

that intercooling substantially increases maximum specific net work, reaching 532.91 kJ/kg air, 29 



compared with 459.00 kJ/kg air for the simple cycle, corresponding to an improvement of 30 

approximately 16.1%. However, the maximum thermal efficiency is higher for the simple cycle 31 

(41.85%) than for the intercooled cycle (40.59%), while the corresponding maximum second-law 32 

efficiencies are 40.37% and 39.16%, respectively. Combustion is identified as the dominant source 33 

of exergy destruction, accounting for approximately 76.6% of the total in the simple cycle and 34 

75.0% in the intercooled cycle. Within the investigated operating domain, the intercooled cycle 35 

achieves higher maximum specific net work, while its minimum total exergy destruction remains 36 

higher than that of the simple cycle. The results therefore indicate a thermodynamic trade-off 37 

between the power benefit of intercooling and the additional irreversibility associated with the 38 

intercooled configuration. These findings highlight the importance of an integrated multi-objective 39 

thermodynamic assessment when selecting gas-turbine cycle configurations. 40 

Keywords: Gas turbine; Brayton cycle; intercooling; entropy generation; exergy destruction; 41 

second-law efficiency; thermodynamic optimization. 42 

1. Introduction 43 

Gas-turbine systems continue to be important for flexible electricity generation because of their 44 

high specific power, compact configuration and ability to respond rapidly to variations in power 45 

demand. The thermodynamic performance of an open Brayton cycle is governed by several 46 

interacting parameters, among which compressor pressure ratio, turbine inlet temperature (TIT), 47 

component efficiencies and compressor inlet conditions are particularly important. Increasing the 48 

pressure ratio can improve thermal efficiency up to an optimum operating region; however, further 49 

increases also increase compressor work and can eventually reduce the net specific work. 50 

Consequently, the pressure ratio corresponding to maximum power output is not necessarily the 51 

same as that corresponding to maximum thermal efficiency [1]. 52 

One of the established approaches for improving Brayton-cycle performance is intercooling during 53 

compression. In a multistage compression process, reducing the temperature of the air between 54 

compressor stages decreases the specific compression work and can therefore increase the net work 55 

output. However, intercooling also introduces heat-transfer irreversibility and pressure losses. 56 

Thus, its benefit cannot be assessed solely from the reduction in compressor work. Sanjay and 57 

Prasad [2] demonstrated that an intercooled combustion-turbine-based combined cycle can achieve 58 

a substantial increase in plant work output, while the pressure ratio associated with maximum plant 59 



efficiency differs from that associated with maximum plant work. Their results therefore 60 

established an important thermodynamic trade-off between power output and efficiency in 61 

intercooled systems. 62 

The second-law characteristics of intercooling are equally important. Exergy analysis identifies 63 

the portion of the supplied work potential that is destroyed by irreversible processes and allows 64 

the contribution of individual components to be quantified. Kumari and Sanjay [3] compared basic 65 

and intercooled gas-turbine cycles over different compressor pressure ratios and combustion-66 

related operating parameters. Their results showed that the intercooled cycle could provide higher 67 

specific work and thermal efficiency while reducing overall exergy destruction under their 68 

investigated conditions. Importantly, the study also demonstrated that improvements in first-law 69 

performance and reductions in exergy destruction are not necessarily governed by the same 70 

operating parameters. 71 

Entropy-generation analysis provides a complementary approach because entropy generation 72 

directly represents thermodynamic irreversibility and can be related to exergy destruction through 73 

the Gouy–Stodola relationship. Choudhary and Sanjay [4] applied entropy-generation 74 

minimization to an SOFC–intercooled-recuperated gas-turbine hybrid system and investigated the 75 

influence of compression ratio and TIT on specific work, efficiency and entropy generation. Their 76 

results demonstrated that entropy generation can exhibit non-monotonic behavior with operating 77 

conditions and that an operating point that provides high efficiency does not necessarily 78 

correspond to minimum entropy generation. Although their study focused on a hybrid SOFC–gas-79 

turbine configuration, it highlights the importance of treating entropy generation as a separate 80 

optimization criterion. 81 

Recent research has increasingly combined intercooling with additional technologies such as 82 

waste-heat recovery, organic Rankine cycles and fuel cells. Musharavati et al. [5], for example, 83 

investigated an intercooled gas-turbine system integrated with waste-heat recovery and applied 84 

triple-objective optimization considering thermodynamic and economic criteria. Similarly, Candra 85 

et al. [6] investigated an intercooled gas turbine coupled with an organic Rankine cycle and 86 

performed parametric and bi-objective optimization using exergy efficiency and thermoeconomic 87 

criteria. These studies demonstrate the increasing importance of multi-objective approaches for 88 

identifying operating compromises rather than a single optimum. 89 



More recently, dual-stage intercooling has also been investigated in highly integrated gas-turbine 90 

configurations. Han et al. [7] proposed a dual-stage intercooled and recuperative gas-turbine 91 

system integrated with a transcritical organic Rankine cycle and evaluated its energy and exergy 92 

performance. Such work represents an important development in the state of the art because it 93 

demonstrates the potential of dual-stage intercooling when combined with recuperation and 94 

bottoming-cycle heat recovery. However, the additional subsystems make it difficult to isolate the 95 

thermodynamic effects of intercooling itself. 96 

Another important operating variable for open-cycle gas turbines is ambient temperature. Since 97 

atmospheric air is directly processed by the compressor, changes in ambient temperature alter the 98 

compressor inlet state and consequently affect compressor work, net power, efficiency and exergy 99 

performance. Egware and Ighodaro [8] investigated the influence of ambient air temperature on 100 

the exergy sustainability of a 153-MW gas-turbine power plant and demonstrated deterioration in 101 

exergy-based performance at higher ambient temperatures. A recent plant-based exergy study 102 

similarly reported that increasing ambient temperature decreases gas-turbine net power and exergy 103 

efficiency while increasing total exergy destruction, with the combustion chamber identified as the 104 

dominant source of exergy destruction [9]. These findings demonstrate the importance of 105 

considering environmental operating conditions together with internal cycle parameters. 106 

The growing use of multi-objective optimization further emphasizes that Brayton-cycle 107 

performance should not be represented by a single indicator. Recent multi-objective investigations 108 

of Brayton configurations have considered simultaneous thermodynamic and system-level 109 

objectives and have demonstrated that improvements in one performance indicator can involve 110 

penalties in another [10]. For an intercooled cycle, this issue is particularly important because 111 

reducing compressor work can increase net power while the intercooler introduces an additional 112 

source of irreversibility. 113 

Recent studies published in the Journal of the Brazilian Society of Mechanical Sciences and 114 

Engineering further reinforce the importance of appropriate thermodynamic modelling, exergy 115 

assessment and operating-condition analysis in gas-turbine systems. Araújo et al. [11] 116 

demonstrated that the selection of thermodynamic modelling assumptions can influence the 117 

predicted performance of gas-turbine systems, particularly when combustion and working-fluid 118 

composition are explicitly considered. Mishra et al. [12] applied exergy-based sustainability 119 



analysis to a combined-cycle gas-turbine plant integrated with a double-effect vapour absorption 120 

refrigeration system, illustrating the application of exergy assessment to an integrated power-121 

generation system. Multi-criteria thermodynamic assessment has also been applied to power-cycle 122 

systems using competing indicators such as power output, exergy destruction and exergetic 123 

efficiency [13]. In addition, computational energy–exergy frameworks have been developed for 124 

systematic assessment of thermal power systems [14]. More recently, Aksoy and Son [15] 125 

demonstrated the applicability of component-wise gas-turbine modelling for evaluating 126 

performance under varying operating conditions. 127 

Fawaz et al. [16] developed a simulation-based design framework for radial turbine rotors using 128 

reduced-order modelling and CFD, highlighting the role of numerical modelling and verification 129 

in turbomachinery analysis. Okirie et al. [17] investigated operational data analytics for gas-turbine 130 

power plants, emphasizing the importance of evaluating gas-turbine behavior over varying 131 

operating conditions. Ibrahim et al. [18] applied physical and chemical exergy analysis to an 132 

industrial thermal system, demonstrating the usefulness of component-level exergy accounting for 133 

identifying thermodynamic losses. 134 

The reviewed literature establishes that intercooling can reduce compressor work and increase the 135 

specific work output of gas-turbine cycles. Previous investigations have also demonstrated the 136 

importance of pressure ratio, turbine inlet temperature, ambient conditions, and component 137 

irreversibilities in determining thermodynamic performance. However, a systematic comparison 138 

of simple and two-stage intercooled Brayton cycles that jointly considers these operating variables, 139 

component-wise entropy generation, component-wise exergy destruction, and competing 140 

performance objectives remains valuable. In addition, the operating conditions that maximize 141 

specific net work, thermal efficiency, and second-law efficiency may differ from those that 142 

minimize exergy destruction. A single optimum operating point may therefore fail to represent the 143 

trade-offs between power output and thermodynamic irreversibility. 144 

The present study addresses these issues through a comparative computational assessment of 145 

simple and two-stage intercooled Brayton cycles. Rather than claiming intercooling itself as a 146 

novel concept, the study focuses on integrating energy analysis, entropy-generation analysis, 147 

component-wise exergy accounting, operating-feasibility assessment, and multi-objective 148 

evaluation within a common operating domain. 149 



The specific objectives are: 150 

• To evaluate the effects of compressor pressure ratio, turbine inlet temperature, and ambient 151 

temperature on the specific net work, thermal efficiency, and second-law efficiency of 152 

simple and two-stage intercooled Brayton cycles. 153 

• To quantify entropy generation and exergy destruction in the principal cycle components 154 

and identify their contributions to overall thermodynamic irreversibility. 155 

• To compare the operating feasibility and performance limits of the two cycle 156 

configurations, distinguishing feasible positive-net-work cases from infeasible operating 157 

conditions. 158 

• To identify and compare operating conditions associated with maximum specific net work, 159 

maximum thermal efficiency, maximum second-law efficiency, and minimum total exergy 160 

destruction. 161 

• To examine the trade-offs among competing thermodynamic objectives using a multi-162 

objective decision index and Pareto analysis. 163 

• The resulting analysis is intended to clarify the conditions under which intercooling 164 

improves specific net work and the extent to which that improvement is accompanied by 165 

changes in efficiency and exergy destruction. The findings are limited to the assumptions, 166 

parameter ranges, and computational model described in the following sections. 167 

The resulting analysis is intended to clarify when intercooling provides a meaningful power 168 

benefit, when the associated irreversibility becomes significant, and how the preferred operating 169 

region changes depending on the selected thermodynamic objective. 170 

2. Literature Review 171 

2.1 Brayton-cycle pressure ratio and thermodynamic performance 172 

Pressure ratio is one of the principal design variables governing Brayton-cycle performance. For 173 

an irreversible cycle, increasing pressure ratio simultaneously increases the expansion work 174 

potential and compressor work. Consequently, the pressure ratio associated with maximum net 175 

work can differ from that associated with maximum thermal efficiency [1]. This fundamental 176 

trade-off is particularly relevant to intercooled cycles because intercooling modifies the 177 

compression-work requirement and consequently shifts the pressure-ratio dependence of the cycle. 178 



Sanjay and Prasad [2] investigated an intercooled combustion-turbine-based combined cycle and 179 

showed that the pressure ratio for maximum efficiency was lower than that associated with 180 

maximum plant work. Their study reported approximately 20% enhancement in plant work output 181 

for the intercooled configuration, while the increase in plant efficiency was comparatively modest. 182 

The authors also demonstrated that the pressure ratio between compressor stages is an important 183 

design parameter. These findings establish that intercooling should be assessed using multiple 184 

performance indicators rather than net work or efficiency alone. 185 

Kumari and Sanjay [3] subsequently performed a comparative thermodynamic assessment of basic 186 

and intercooled gas-turbine cycles. Their analysis considered compressor pressure ratio together 187 

with turbine-rotor inlet temperature and combustion-related parameters. The intercooled 188 

configuration showed higher specific work and thermal efficiency than the basic configuration 189 

under the investigated conditions, while its overall exergy destruction was reported to be lower. 190 

This study provides an important benchmark for the present simple-versus-intercooled 191 

comparison. 192 

The selection of thermodynamic modelling assumptions is also important when evaluating gas-193 

turbine performance. Araújo et al. [11] compared alternative thermodynamic representations of a 194 

gas-turbine cogeneration system and demonstrated that assumptions concerning combustion and 195 

working-fluid modelling can affect predicted thermodynamic performance. This supports the use 196 

of an explicit combustion-product formulation in the present study rather than relying exclusively 197 

on a simplified air-standard representation. 198 

2.2 Entropy generation and component irreversibility 199 

Although energy analysis determines how much energy is converted into useful work, it does not 200 

identify the degradation of energy quality within individual components. Exergy analysis and 201 

entropy-generation analysis overcome this limitation by quantifying the irreversible destruction of 202 

work potential. 203 

Exergy-based assessment can account for both physical and chemical contributions to quantify the 204 

degradation of work potential and identify the contribution of individual components to overall 205 

irreversibility [18]. The consideration of both physical and chemical exergy is particularly relevant 206 

for combustion-based energy systems in which the chemical composition of the working fluid 207 

changes during the process. 208 



Choudhary and Sanjay [4] investigated entropy-generation minimization in an SOFC–intercooled-209 

recuperated gas-turbine hybrid system. Their results showed that compression ratio and TIT have 210 

significant effects on entropy generation and cycle efficiency. The study also demonstrated that 211 

entropy generation can vary non-monotonically with TIT, emphasizing that increasing TIT does 212 

not necessarily lead to a monotonic improvement in second-law performance. 213 

Computational implementations of energy and exergy analysis have also been developed for 214 

systematic assessment of thermal power systems. Costa et al. [14] developed and validated an in-215 

house computational framework combining energy, exergy and economic analyses, demonstrating 216 

the usefulness of computational thermodynamic tools for comparing alternative thermal-system 217 

configurations. 218 

Recent gas-turbine modelling studies have likewise employed component-by-component 219 

thermodynamic formulations to evaluate performance under varying operating conditions. Aksoy 220 

and Son [15] developed a stage-by-stage model incorporating the compressor, combustion 221 

chamber and turbine and evaluated performance under changing operating conditions. Such 222 

component-level modelling is consistent with the station-wise formulation adopted in the present 223 

study. 224 

For the present study, the principal focus is instead placed on the five thermodynamic components 225 

of the two-stage intercooled cycle: LP compressor, intercooler, HP compressor, combustor and 226 

turbine. This allows the contribution of intercooling to be separated from the effects of additional 227 

hybrid subsystems. 228 

2.3 Intercooled gas turbines and integrated configurations 229 

The recent literature demonstrates a clear movement from conventional intercooled gas turbines 230 

toward integrated systems. 231 

Musharavati et al. [5] investigated waste-heat recovery from an intercooled gas turbine using 232 

exergo-economic analysis and triple-objective optimization. Their work illustrates the increasing 233 

use of multi-objective techniques for balancing thermodynamic and economic performance. 234 

Candra et al. [6] subsequently investigated an intercooled gas turbine with an ORC for recovery 235 

of the heat rejected by the intercooler. Their study included parametric analysis and bi-objective 236 

optimization using exergy efficiency and thermoeconomic criteria. The study is particularly 237 



relevant because it demonstrates that the heat rejected during intercooling represents a potentially 238 

recoverable energy/exergy stream rather than simply a necessary heat loss. 239 

Han et al. [7] extended this concept to a dual-stage intercooled and recuperative gas turbine 240 

integrated with a transcritical ORC. Their results demonstrated substantial system-level efficiency 241 

benefits from combining dual-stage intercooling, recuperation and bottoming-cycle heat recovery. 242 

This represents a recent state-of-the-art direction in intercooled gas-turbine research. 243 

However, these integrated studies also establish a clear opportunity for a more focused 244 

investigation. When ORC, recuperation or fuel-cell subsystems are added, improvements in 245 

performance result from several simultaneous mechanisms. The present work instead isolates the 246 

two-stage intercooled Brayton cycle so that the competing effects of compressor-work reduction 247 

and intercooler-induced irreversibility can be examined directly. 248 

2.4 Influence of ambient temperature 249 

Ambient temperature is particularly important for open Brayton cycles because the compressor 250 

directly processes atmospheric air. Egware and Ighodaro [8] investigated a 153-MW gas-turbine 251 

power plant and found that increasing ambient temperature adversely affected exergy 252 

sustainability indicators. Their study provides direct evidence that environmental temperature 253 

should be incorporated into gas-turbine thermodynamic assessments. 254 

A more recent exergy-based assessment of an operating gas-turbine power plant also demonstrated 255 

that increasing ambient temperature from 0 to 45 °C reduces net power and exergy efficiency while 256 

increasing total exergy destruction. The combustion chamber was found to account for the largest 257 

fraction of the total exergy destruction [9]. 258 

Similar sensitivity of gas-turbine work output and thermodynamic performance to ambient-259 

temperature variation has also been reported in recent exergy-based assessments of gas-turbine 260 

power systems [12]. These studies reinforce the need to consider environmental operating 261 

conditions together with internal cycle parameters when assessing gas-turbine performance. 262 

The present study extends this perspective by treating ambient temperature not as a separate off-263 

design correction but as one of three simultaneous independent operating variables, together with 264 

pressure ratio and TIT. 265 

 266 



2.5 Multi-objective assessment and thermodynamic trade-offs 267 

Multi-objective assessment is increasingly used in Brayton-cycle research because no single 268 

performance parameter adequately represents all aspects of cycle operation. Musharavati et al. [5] 269 

employed triple-objective optimization in an intercooled gas-turbine/waste-heat-recovery system, 270 

while Candra et al. [6] used bi-objective optimization to balance exergy performance and 271 

thermoeconomic criteria. A recent multi-objective study of open and closed Brayton-cycle 272 

configurations further demonstrated that different objectives can produce different preferred 273 

configurations and design solutions [10]. Similarly, Gonca and Başhan [13] evaluated a gas–steam 274 

combined power system using multiple thermodynamic criteria, including power output, exergy 275 

destruction and exergetic efficiency, demonstrating that different performance indicators can lead 276 

to different preferred operating conditions. This supports the use of Pareto-based assessment in the 277 

present study rather than relying on a single thermodynamic performance indicator. 278 

For the present two-stage intercooled cycle, this issue is particularly important because 279 

intercooling can simultaneously: 280 

• decrease compressor work, 281 

• increase net specific work, 282 

• introduce heat-transfer irreversibility, 283 

• modify combustion conditions, 284 

• change exhaust exergy, and 285 

• alter the pressure ratio at which maximum efficiency occurs. 286 

Therefore, the present study treats specific net work, thermal efficiency, second-law efficiency, 287 

SFC and exergy destruction as competing rather than interchangeable performance measures. 288 

Existing studies have established the thermodynamic benefits of intercooling [2,3], investigated 289 

entropy generation in intercooled/hybrid Brayton systems [4], and applied multi-objective 290 

optimization to intercooled gas-turbine systems with waste-heat recovery or other integrated 291 

technologies [5–7]. Ambient-temperature studies have independently demonstrated the sensitivity 292 

of gas-turbine power and exergy performance to atmospheric conditions [8,9]. However, a unified 293 

analysis that simultaneously varies pressure ratio, TIT and ambient temperature while resolving 294 

net power, thermal efficiency, entropy generation, component-level exergy destruction and 295 



positive-net-work feasibility for a two-stage intercooled Brayton cycle remains insufficiently 296 

addressed. Moreover, the distinction between operating conditions for maximum power, 297 

maximum efficiency and minimum irreversibility has not been adequately established for this 298 

isolated two-stage intercooled configuration. 299 

The present study addresses this gap by developing a comprehensive operating map of the two-300 

stage intercooled Brayton cycle and comparing it with the corresponding simple Brayton cycle. 301 

Particular emphasis is placed on identifying the component responsible for the dominant 302 

irreversibility, quantifying the thermodynamic penalty associated with intercooling, establishing 303 

the positive-net-work boundary, and identifying Pareto trade-offs between power generation, 304 

efficiency and exergy destruction.. 305 

3. Mathematical Formulation and Exergy Analysis 306 

The thermodynamic modelling framework for the simple and two-stage intercooled Brayton cycles 307 

is presented in this section. The formulation includes the thermodynamic properties of air and 308 

combustion products, compressor and turbine models, combustor energy balance, and component-309 

level entropy generation and exergy destruction. Energy-performance indicators and multi-310 

objective assessment criteria are subsequently defined to compare the two cycle configurations 311 

over the investigated operating range. The schematic configurations are shown in Fig. 1, and their 312 

corresponding temperature–entropy diagrams are presented in Fig. 2. 313 

 314 

Figure 1. Schematic line diagrams of the simple and two-stage intercooled Brayton gas-315 

turbine cycles. 316 



 317 

(a) Simple Brayton Cycle 318 

 319 

(b) Two-stage Intercooled Brayton Cycle 320 

Figure 2. Temperature-entropy (T-s) diagrams of the simple and two-stage intercooled 321 

Brayton gas-turbine cycles. 322 

 323 



3.1 Cycle Configuration and Model Assumptions: 324 

Two open Brayton-cycle configurations were investigated: a simple Brayton cycle and a two-stage 325 

intercooled Brayton cycle. Both configurations use dry air as the oxidizing medium and methane 326 

(CH₄) as the fuel. The analysis is performed on a basis of 1 kg of air entering the cycle. 327 

In the simple cycle, atmospheric air enters the compressor at state 1 and is compressed to state 2. 328 

The compressed air then enters the combustor, where methane is supplied and combustion 329 

products are generated at the prescribed turbine inlet temperature. The combustion products 330 

expand through the turbine and leave the system at the exhaust state. 331 

In the two-stage intercooled cycle, compression is divided into low-pressure (LP) and high-332 

pressure (HP) stages. The air is compressed from state 1 to state 2 in the LP compressor, cooled in 333 

the intercooler from state 2 to state 3, and compressed further from state 3 to state 4 in the HP 334 

compressor. The compressed air then enters the combustor, and the combustion products expand 335 

through the turbine. 336 

The principal independent operating variables are compressor pressure ratio, turbine inlet 337 

temperature (TIT), and ambient temperature. The operating ranges are 6–30 for the nominal 338 

compressor pressure ratio, 800–1400 °C for TIT, and 15–45 °C for ambient temperature. 339 

The following assumptions are adopted: 340 

• Air and combustion products are modelled as ideal gases. 341 

• Dry air is represented by an oxygen–nitrogen mixture with a molar ratio of 1:3.76. 342 

• Methane undergoes complete combustion. 343 

• Air is modelled with a constant specific heat at constant pressure, whereas the specific 344 

heats of the combustion-product species vary with temperature. 345 

• The LP and HP compressor isentropic efficiencies are each 0.85, and the turbine isentropic 346 

efficiency is 0.88. 347 

• The intercooler effectiveness is 0.75, with a specified pressure loss of 2%. 348 

• The combustor efficiency is 0.98, and the combustor pressure loss is 4%. 349 

• Changes in kinetic and potential energy are neglected. 350 

• The reference environment is defined by (T0 = 298.15 K) and (P0 = 101.325 kPa). 351 

 352 



• All specific work, heat, and exergy quantities are reported per kilogram of inlet air unless 353 

otherwise stated. 354 

The principal model parameters are summarized in Table 1. 355 

Table 1: Model Parameters and Operating Assumptions for the Simple and Intercooled 356 

Brayton Cycles 357 

Parameter Value 

Reference temperature, T0 298.15 K 

Reference pressure, P0 101.325 kPa 

Air specific heat, cp,a 1.005 kJ kg⁻¹ K⁻¹ 

Air gas constant, Ra 0.28705 kJ kg⁻¹ K⁻¹ 

Methane LHV 50,000 kJ kg⁻¹ 

Methane chemical exergy 51,830 kJ kg⁻¹ 

LP compressor efficiency 0.85 

HP compressor efficiency 0.85 

Turbine efficiency 0.88 

Intercooler effectiveness 0.75 

Intercooler pressure loss 2% 

Combustor pressure loss 4% 

Combustion efficiency 0.98 

The working fluids are treated as ideal gases, complete methane combustion is assumed, and 358 

kinetic and potential energy changes are neglected. Air is modelled using constant specific heat, 359 

whereas the specific heats of combustion-product species vary with temperature. The investigated 360 

ranges are nominal pressure ratio 6–30, turbine inlet temperature 800–1400°C, and ambient 361 

temperature 15–45°C. These values follow the current manuscript's model description. 362 

 363 

3.2 Thermodynamic Properties of Air 364 

Air is modelled as an ideal gas with constant specific heat at constant pressure. The adopted values 365 

are 𝑐௣,௔ = 1.005 kJ kg⁻¹ K⁻¹ and ܴ௔ = 0.28705 kJ kg⁻¹ K⁻¹ The specific-heat ratio is obtained 366 



from the relationship between the specific heats at constant pressure and constant volume. The 367 

resulting value of ߛ௔ is approximately 1.40. These properties are used to calculate the compressor 368 

outlet temperatures, specific compression work and entropy changes. 369 

For an ideal gas, the entropy change of air between two thermodynamic states is given by equation 370 

(1) 371 

2ݏ − 1ݏ = 𝑐௣,௔ ln ( 2ܶܶ1) − ܴ௔ ln ( 2ܲܲ1)                                                                                                         (1) 372 

Where s is the specific entropy in kJ kg⁻¹ K⁻¹, T is temperature in K, and P is pressure in kPa. 373 

The physical specific exergy of air is calculated by the equation (2) 374 

݁௣ℎ,௔ = 𝑐௣,௔ [(ܶ − 0ܶ) − 0ܶ ln ( ܶܶ0)] + ܴ௔ 0ܶ ln ( ܲܲ0)                                                                          (2) 375 

Where, ݁௣ℎ,௔ is the physical specific exergy of air in kJ kg⁻¹, 0ܶ is the reference temperature, and 376 

0ܲ is the reference pressure. The physical specific exergy represents the maximum useful work 377 

associated with the departure of the air state from the reference environment, excluding chemical 378 

exergy. The reference-state quantities are evaluated using the same property formulation as the 379 

corresponding air state. 380 

 381 

3.3 Combustion Stoichiometry 382 

Methane is used as the fuel, and complete combustion is assumed. Dry air is represented by an 383 

oxygen–nitrogen molar ratio of 1:3.76. On this basis, the methane combustion reaction and the 384 

corresponding complete reaction with dry air are expressed as follows. 385 4ܪܥ + 2(ܱ2 + 3.76 2ܰ) → 2ܱܥ + 2ܱܪ2 + 7.52 2ܰ                                                                              (3) 386 

The stoichiometric air-fuel ratio obtained from the above reaction is ܴܨܣ௦௧ =387 17.12 ݇݃௔௜௥ ݇݃௙௨௘௟⁄ , Where ܴܨܣ௦௧ is the stoichiometric air-fuel ratio. The fuel-air ratio is defined 388 

as ݂ = ݉௙ ݉௔⁄ . Where f is the fuel-air ratio, ݉௙ is the methane mass, and ݉௔ is the air mass. 389 

Because the calculation basis is 1 kg of inlet air, the calculated fuel mass is numerically equal to 390 

the fuel–air ratio when expressed in kilograms of fuel per kilogram of air. 391 



The actual fuel quantity is determined from the combustor energy balance for each combination 392 

of pressure ratio, ambient temperature, and turbine inlet temperature as described in section 3.4. 393 

 394 

3.4 Combustor Energy Balance 395 

The fuel flow rate is obtained by solving the combustor energy balance. The energy supplied by 396 

the fuel together with the sensible energy of the compressed air is equated to the enthalpy rise of 397 

the combustion products. 398 

The methane mass required to achieve the specified turbine inlet temperature is determined by 399 

solving the combustor energy balance. The balance accounts for the sensible enthalpy of the 400 

compressed air and the energy supplied by the fuel, with the combustion efficiency applied 401 

according to the implemented model. The resulting combustion-product enthalpy is evaluated 402 

using the temperature-dependent property correlations defined in Section 3.9. The governing 403 

equation is (4) 404 ݉௔𝑐௣,௔( 2ܶ − 0ܶ) + ܸܪܮ௖௢௠௕݉௙ߟ = ݉௚[ℎ௚ 5ܶ − ℎ௚ 0ܶ]                                                                      (4) 405 

Here, T2 is compressor outlet temperature, T5 = turbine inlet temperature, ℎ௚is specific enthalpy of 406 

combustion products, kJ kg⁻¹, LHV is lower heating value of methane, kJ kg⁻¹, ߟ௖௢௠௕ is 407 

combustion efficiency, ݉௚ (݉௔ + ݉௙)is combustion-product mass, kg, ݉ ௔ is air mass, kg and ݉௙ 408 

is methane mass, kg. The methane mass is adjusted numerically until the implemented energy-409 

balance residual satisfies the specified convergence criterion. 410 

 411 

3.5 Simple Brayton-Cycle Compressor 412 

For the simple Brayton cycle, the compressor pressure ratio (PR) is defined as ratio of P2 413 

(compressor outlet pressure) to P1 (compressor inlet pressure) ܴܲ = 2ܲ 1ܲ⁄ . 414 

For the simple Brayton cycle, the compressor raises the pressure of atmospheric air to the 415 

combustor inlet pressure. The compressor outlet temperature is first determined for an ideal 416 

isentropic process equation (5) and is then corrected using the specified compressor isentropic 417 

efficiency by equation (6). The resulting temperature rise is used to calculate the specific 418 

compression work (Wc) using equation (7). 419 



2ܶ௦ = 1ܶ ( 2ܲܲ1)ఊೌ−1ఊೌ                                                                                                                                         (5) 420 

2ܶ = 1ܶ + 2ܶ௦ − ௖ߟ1ܶ                                                                                                                                       (6) 421 

௖ܹ = 𝑐௣,௔( 2ܶ − 1ܶ)                                                                                                                                       (7) 422 

Where, T2s is the ideal isentropic compressor outlet temperature T2 is actual compressor exit 423 

temperature and ߟ௖ is the compressor isentropic efficiency. 424 

The compressor entropy generation is evaluated from the entropy difference between the outlet 425 

(s2) and inlet (s1) states under the adopted adiabatic-compressor model using equation (8). The 426 

corresponding exergy destruction is calculated using the Gouy–Stodola relation equation (9). 427 

௚ܵ௘௡,௖ = ݉௔(2ݏ − ஽,௖ܧ 428 (8)                                                                                                                                   (1ݏ = 0ܶ ௚ܵ௘௡,௖                                                                                                                                              (9) 429 

Where, ܧ஽,௖ is compressor exergy destruction in kJ kg⁻¹ air and ௚ܵ௘௡,௖ is entropy generation in kJ 430 

kg⁻¹ K⁻¹ air. 431 

 432 

3.6 Low-Pressure Compressor of the Intercooled Cycle 433 

In the intercooled configuration, the nominal compressor pressure ratio is divided equally between 434 

the low pressure (LP) and high pressure (HP) compressor stages. Accordingly nominal stage 435 

pressure ratio are ܴܲ௅௉ = √ܴܲ and ܴܲு௉ = √ܴܲ. The LP compressor raises the air pressure from 436 

state 1 to state 2, with its outlet pressure determined from the LP stage pressure ratio. The 437 

intercooler pressure loss is subsequently applied to determine the pressure at state 3, which 438 

becomes the inlet pressure of the HP compressor. The HP compressor then raises the pressure from 439 

state 3 to state 4 using the specified HP-stage pressure ratio. Therefore, the actual overall 440 

compressor pressure ratio, P4/P1, is affected by the intercooler pressure loss and differs from the 441 

nominal pressure ratio, (PR). The nominal pressure ratio is retained as the common operating 442 

parameter for comparing the simple and intercooled cycle configurations. 443 



2ܶ௦ = 1ܶ ( 2ܲܲ1)ఊೌ−1ఊೌ                                                                                                                                       (10) 444 

2ܶ = 1ܶ + 2ܶ௦ − ௖,௅௉ߟ1ܶ                                                                                                                                     (11) 445 

Where, ߟ௖,௅௉ is LP compressor isentropic efficiency 446 

௖ܹ,௅௉ = 𝑐௣,௔( 2ܶ − 1ܶ)                                                                                                                               (12) 447 

௚ܵ௘௡,௅௉ = ݉௔(2ݏ − ஽,௅௉ܧ 448 (13)                                                                                                                              (1ݏ = 0ܶ ௚ܵ௘௡,௅௉                                                                                                                                       (14) 449 

 450 

3.7 Intercooler 451 

The intercooler reduces the temperature of the air leaving the LP compressor before the air enters 452 

the HP compressor. The model accounts for the specified intercooler pressure loss (Δ ூܲ஼ = 0.02) 453 

and effectiveness. The outlet temperature and heat rejection are calculated from the implemented 454 

effectiveness (ߝூ஼) relation and the air-side energy balance. The pressure loss across the intercooler 455 

is represented by equation (15) and the intercooler outlet temperature is calculated using equation 456 

(16). Specific heat rejected during the intercooling is evaluated by the equation (17). 457 

3ܲ = 2ܲ(1 − Δ ூܲ஼)                                                                                                                                     (15) 458 

3ܶ = 2ܶ − )ூ஼ߝ  2ܶ − 1ܶ)                                                                                                                            (16) 459 ܳூ஼ = 𝑐௣,௔( 2ܶ − 3ܶ)                                                                                                                                   (17) 460 

The entropy change of the compressed air across the intercooler is evaluated from the inlet and 461 

outlet thermodynamic states using Eq. (18). For the exergy−destruction calculation, the heat 462 

rejected by the air is assumed to be transferred to the surroundings at the reference temperature, 463 

T0. The entropy generation is calculated using this adopted boundary assumption, and the 464 

corresponding intercooler exergy destruction is determined using the Gouy–Stodola relation, as 465 

expressed in Eqs. (19) and (20). Accordingly, the calculated exergy destruction represents the 466 

irreversibility evaluated within the scope of the adopted intercooler model and heat−rejection 467 

assumption. 468 



2ݏ − 1ݏ = 𝑐௣,௔ ln ( 3ܶܶ2) − ܴ௔ ln ( 3ܲܲ2)                                                                                                      (18) 469 

௚ܵ௘௡,ூ஼ = 3ݏ) − (2ݏ + ܳூ஼0ܶ                                                                                                                         (19) 470 

஽,ூ஼ܧ = 0ܶ ௚ܵ௘௡,ூ஼                                                                                                                                         (20) 471 

 472 

3.8 High-Pressure Compressor 473 

The HP compressor receives air from the intercooler at state 3 and compresses it to state 4. The 474 

outlet temperature is determined using the HP-stage pressure ratio (equation 21) and the specified 475 

compressor isentropic efficiency (equation 22). The HP compressor specific work is calculated 476 

from the air temperature rise (equation 23). Its entropy generation and exergy destruction are 477 

evaluated using the same methodology as that adopted for the LP compressor (equation 24-25). 478 

4ܶ௦ = 3ܶ ( 4ܲܲ3)ఊೌ−1ఊೌ                                                                                                                                      (21)  479 

4ܶ = 3ܶ + 4ܶ௦ − ௖,ு௉ߟ3ܶ                                                                                                                                     (22) 480 

௖ܹ,ு௉ = 𝑐௣,௔( 4ܶ481 − 3ܶ)                                                                                                                               (23) 482 

௚ܵ௘௡,ு௉ = 4ݏ) − ஽,ு௉ܧ 483 (24)                                                                                                                                   (3ݏ = 0ܶ ௚ܵ௘௡,ு௉                                                                                                                                      (25) 484 

The total compression work for the intercooled cycle is then evaluated by equation 26 485 

௖ܹ = ௖ܹ,௅௉ + ௖ܹ,ு௉                                                                                                                                  (26) 486 

 487 

3.9 Temperature-Dependent Specific Heat of Combustion Products 488 

The specific heat of each combustion-product species is represented using the linear temperature-489 

dependent correlation given in Eq. (27), where the coefficients for the individual species are listed 490 

in Table 2. 491 



𝑐௣,௜(ܶ) = ܽ௜ + ܾ௜(ܶ − 300)                                                                                                                     (27) 492 

Where, 𝑐௣,௜ is the specific heat of species i, ܽ௜ & ܾ௜ are empirical coefficients, and T is temperature 493 

in K. The enthalpy change is obtained by integrating the specific-heat correlation between the 494 

selected reference temperature and the state temperature. The mixture enthalpy is then calculated 495 

from the contributions of the individual species, using a consistent mass or molar basis. 496 

Table 2: Temperature-Dependent Specific Heat Coefficients for Combustion Product 497 

Species 498 

Species ai bi 

CO₂ 0.846 1.0×10−4 

H₂O 1.864 2.0×10−4 

O₂ 0.918 1.0×10−4 

N₂ 1.040 0.8×10−4 

Δℎ௜ = ܽ௜(ܶ − ௥ܶ௘௙) + ܾ௜2 [(ܶ − 300)2 − ( ௥ܶ௘௙ − 300)2]                                                               (28) 499 

Where, ௥ܶ௘௙ is the reference temperature used for the enthalpy calculation. The total enthalpy of 500 

the combustion-product mixture is obtained by summing the contributions of all species (equation 501 

29). Where, ݊௜ represents the amount of each combustion-product species. 502 ℎ௚ܶ = ∑ ݊௜௜ Δℎ௜                                                                                                                                         (29) 503 

 504 

3.10 Entropy of Combustion Products 505 

The specific entropy of the combustion-product mixture is evaluated by accounting for the 506 

temperature and pressure contributions to the entropy of each species. The temperature-dependent 507 

contribution is calculated using the corresponding specific-heat relation, while the pressure 508 

contribution is included in the species entropy calculation, as expressed in Eqs. (30) and (31). The 509 

entropy contributions of the individual combustion-product species are then combined to obtain 510 

the mixture-specific entropy using Eq. (32), with all quantities expressed on a consistent mixture 511 

basis. 512 



Δ்ݏ,௜ = (ܽ௜ − 300ܾ௜) ln ( ܶ௥ܶ௘௙) + ܾ௜(ܶ − ௥ܶ௘௙)                                                                                 (30) 513 

Δݏ௉,௜ = −ܴ௜ ln ௜ܲ0ܲݕ) )                                                                                                                                (31) 514 

,ܶ)௚ݏ ܲ) = ∑[Δ்ݏ,௜ − Δݏ௉,௜]௜                                                                                                                  (32) 515 

 516 

3.11 Physical Exergy of Combustion Products 517 

The physical specific exergy of the combustion-product mixture is evaluated from the differences 518 

between the product-gas state and its corresponding reference state, as expressed in Eqs. (33) and 519 

(34). The specific exergy is expressed per unit mass of the combustion-product mixture, in kJ kg⁻¹ 520 

of products. For the component exergy balance, this value is converted to a basis of 1 kg of inlet 521 

air by accounting for the mass of combustion products generated per kilogram of inlet air. 522 

Accordingly, the physical exergy used in the combustor exergy balance is expressed in kJ per 523 

kilogram of inlet air. 524 ݁௣ℎ,௚ = (ℎ௚ − ℎ௚,0) − ௚ݏ)0ܶ −  ௚,0)                                                                                                     (33) 525ݏ

Where, ݁ ௣ℎ,௚ is physical specific exergy of combustion products, kJ kg⁻¹; ℎ௚ is product-gas specific 526 

enthalpy, kJ kg⁻¹; ℎ௚,0 is product-gas specific enthalpy at the reference state; ݏ௚ is product-gas 527 

specific entropy, kJ kg⁻¹ K⁻¹; ݏ௚,0 is product-gas specific entropy at the reference state. 528 ݔܧ௣ℎ,௚ = ݉௚݁௣ℎ,௚                                                                                                                                      (34) 529 

Where, ݔܧ௣ℎ,௚ is the physical exergy of the combustion products in kJ per kg of inlet air. 530 

 531 

3.12 Chemical Exergy of Combustion Products 532 

The chemical exergy of the combustion products is evaluated separately from their physical 533 

exergy. The standard chemical exergies of the principal combustion-product species used in the 534 

model are:݁௖ℎ,஼ை2−0 = ௖ℎ,ு2ை−0݁ ,݈݋݉/ܬ݇ 19.87 = ௖ℎ,ை2−0݁ ,݈݋݉/ܬ݇ 9.49 = ௖ℎ,ே2−0݁ ,݈݋݉/ܬ݇ 3.97  The calculation accounts for the standard chemical exergy of each species and the 536 .݈݋݉/ܬ݇ 0.72 535=



contribution associated with the composition of the product mixture, as expressed in Eq. (35). The 537 

total exergy of the combustion products is then obtained by combining their physical and chemical 538 

exergy contributions, as expressed in Eq. (36). All exergy quantities used in the combustor balance 539 

are converted to a consistent basis of one kilogram of inlet air. 540 ݔܧ௖ℎ,௚ = ∑ ݊௜௜ ݁௖ℎ,௜−0 +  ݊௚ܴ௨ 0ܶ ∑ ௜௜ݕ ln ௜ݕ                                                                                          (35) 541 

Where, ݔܧ௖ℎ,௚ = chemical exergy of combustion products, kJ; ݊௜ = number of moles of species i; 542 ݁௖ℎ,௜−0  = standard chemical exergy of species i,  kJ mol⁻¹; ݊௚ = total number of moles of combustion 543 

products; ܴ௨ = universal gas constant; ݕ௜ = mole fraction of species i; 0ܶ = reference temperature. 544 ݔܧ௚ = ݉௚݁௣ℎ,௚ +  ௖ℎ,௚                                                                                                                          (36) 545ݔܧ

Equation explicitly separates the physical and chemical contributions to the total product-gas 546 

exergy. 547 

 548 

3.13 Fuel Chemical Exergy 549 

The chemical exergy supplied by methane is calculated using the adopted specific chemical exergy 550 

of the fuel and the methane mass determined from the combustor energy balance. The fuel 551 

chemical-exergy input is expressed per kilogram of inlet air to maintain a consistent basis for the 552 

component exergy balances. The chemical exergy supplied by methane is ݔܧ௙ = 51830 ݉௙. 553 

Where ݔܧ௙ is the methane chemical-exergy input in kJ per kg of inlet air. 554 

 555 

3.14 Combustor Exergy Destruction 556 

The combustor exergy balance accounts for the physical exergy of the compressed air entering the 557 

combustor and the chemical exergy supplied by methane. The exergy of the combustion products 558 

leaving the combustor is evaluated from their physical and chemical contributions. The difference 559 

between the total inlet and outlet exergy terms is used to calculate the combustor exergy 560 

destruction (equation 37-38). The associated entropy generation is obtained using the Gouy-561 

Stodola theorem using equation (39) 562 



௖௢௠௕ݔܧ = ௙ݔܧ + ஽,௖௢௠௕ܧ ௔௜௥,2                                                                                                                           (37) 563ݔܧ = ௙ݔܧ + ௔௜௥,2ݔܧ −  ௚                                                                                                             (38) 564ݔܧ

௚ܵ௘,௖௢௠௕565 = ஽,௖௢௠௕0ܶܧ                                                                                                                                     (39) 566 

The combustor entropy generation is obtained from the calculated exergy destruction using the 567 

Gouy–Stodola relation. In the implemented model, the energy loss associated with the specified 568 

combustion efficiency is treated as heat rejection at the reference temperature, T0, and therefore 569 

contributes zero exergy transfer across the adopted control boundary. 570 

 571 

3.15 Turbine Expansion 572 

The combustion products enter the turbine at the turbine inlet temperature, T5, and pressure, P5. 573 

The turbine exhaust pressure is determined from the specified cycle pressure conditions. The 574 

isentropic outlet state is evaluated using the temperature-dependent thermodynamic properties of 575 

the combustion-product mixture. The isentropic outlet temperature, T6s, and corresponding 576 

enthalpy are determined from the isentropic expansion relation. The actual outlet enthalpy is then 577 

calculated using the specified turbine isentropic efficiency and the actual turbine outlet 578 

temperature is obtained from the mixture enthalpy relation. The specific turbine work is calculated 579 

using Eq. (40), while the turbine entropy generation and exergy destruction are evaluated using 580 

Eqs. (41) and (42), respectively. 581 

௧ܹ = ݉௚(ℎ6 − ℎ5)                                                                                                                                    (40) 582 

௚ܵ௘௡,௧ = ݉௚(6ݏ − ஽,௧ܧ 583 (41)                                                                                                                                (5ݏ = 0ܶ ௚ܵ௘௡,௧                                                                                                                                            (42) 584 

 585 

3.16 Net Work Output 586 

The specific net work output of the gas turbine cycle is determined from the difference between 587 

the specific turbine work output and the total specific compressor work input. For the simple 588 



Brayton cycle, the compressor work is subtracted from the turbine work to obtain the net work 589 

output. For the two-stage intercooled Brayton cycle, the work inputs of the low-pressure and high-590 

pressure compressor stages are added before being subtracted from the turbine work. The resulting 591 

specific net work output is expressed in kJ kg⁻¹ of inlet air, providing a common basis for 592 

comparing the work-producing performance of the two cycle configurations.  593 

 594 

3.17 Thermal Efficiency 595 

The thermal efficiency of the gas turbine cycle is evaluated as the ratio of the specific net work 596 

output to the chemical energy supplied by the fuel. The specific net work output is calculated by 597 

subtracting the total compressor work input from the turbine work output. The fuel energy input 598 

is determined from the mass of methane supplied per kilogram of inlet air and the lower heating 599 

value of methane. For the intercooled configuration, the work inputs of both compressor stages are 600 

included in the net work calculation. The thermal efficiency is expressed as a percentage and is 601 

used to compare the energy-conversion performance of the simple and two-stage intercooled 602 

Brayton cycles. 603 

  604 

௧ℎߟ = ௡ܹ௘௧݉௙ܸܪܮ                                                                                                                                              (43) 605 

 606 

3.18 Specific Fuel Consumption 607 

The specific fuel consumption (SFC) represents the mass of fuel consumed per unit of net work 608 

output. It is calculated as the ratio of the methane fuel consumption rate to the specific net work 609 

output of the cycle, using a consistent mass and energy basis. For the intercooled configuration, 610 

the net work output accounts for the work inputs of both compressor stages. The SFC is expressed 611 

in kg kWh⁻¹ and is used to assess the fuel-use characteristics of the two cycle configurations 612 

(equation 44). Lower SFC values indicate less fuel consumption for a given net work output. 613 ܵܥܨ = ݉௙௡ܹ௘௧ × 3600                                                                                                                                 (44) 614 

 615 



3.19 Total Entropy Generation 616 

The total entropy generation for the simple Brayton cycle is calculated by summing the entropy 617 

generation associated with the relevant cycle components, as expressed in Eq. (45). For the two-618 

stage intercooled Brayton cycle, the total entropy generation includes the contributions from the 619 

low-pressure compressor, intercooler, high-pressure compressor, combustor, and turbine, as 620 

expressed in Eq. (46). The total exergy destruction is subsequently determined from the Gouy–621 

Stodola relation given in Eq. (47), using the reference environmental temperature, T0. The total 622 

exergy destruction is expressed in kJ per kilogram of inlet air. 623 

௚ܵ௘௡,௧௢௧௔௟ = ௚ܵ௘௡,஼ + ௚ܵ௘௡,௖௢௠௕624 + ௚ܵ௘௡,௧                                                                                                (45) 625 

௚ܵ௘௡,௧௢௧௔௟ = ௚ܵ௘௡,௅௉ + ௚ܵ௘௡,ூ஼ + ௚ܵ௘௡,ு௉ + ௚ܵ௘௡,௖௢௠௕ + ௚ܵ௘௡,௧                                                         (46) 626 ܧ஽,௧௢௧௔௟ = 0ܶ ௚ܵ௘௡,௧௢௧௔௟                                                                                                                               (47) 627 

 628 

3.20 Component-Wise Exergy Destruction 629 

For the simple cycle, the total exergy destruction is obtained from the component contributions 630 

according to equation (48) and for intercooled cycle according to equation (49). The contribution 631 

of an individual component to the total exergy destruction is then evaluated according to equation 632 

(50). Where, ߶௝ is the percentage contribution of component j to total exergy destruction. 633 ܧ஽,௧௢௧௔௟ = ஽,௖ܧ  + ஽,௖௢௠௕ܧ + ஽,௧௢௧௔௟ܧ ஽,௧                                                                                                           (48) 634ܧ = ஽,௅௉ܧ  + ஽,ு௉ܧ + ஽,ூ஼ܧ + + ஽,௖௢௠௕635ܧ  ஽,௧                                                                           (49) 636ܧ

߶௝ = ஽,௧௢௧௔௟ܧ஽,௝ܧ × 100                                                                                                                                   (50) 637 

 638 

3.21 Overall Exergy Balance 639 

The overall exergy balance is evaluated using Eq. (51) to assess the consistency between the exergy 640 

supplied to the system, the useful work output, the exergy carried by the exhaust stream, and the 641 



total exergy destruction within the adopted system boundary. The resulting balance residual is used 642 

to quantify the relative exergy-balance error and assess the numerical consistency of the model. 643 ݔܧ௙ + ௔௜௥,1ݔܧ = ௡ܹ௘௧ + ௘௫ℎ௔௨௦௧ݔܧ +  ஽,௧௢௧௔௟                                                                                    (51) 644ܧ

Where, ݔܧ௙ is chemical exergy of fuel; ݔܧ௔௜௥,1 is physical exergy of inlet air; ௡ܹ௘௧ is net specific 645 

useful work; ݔܧ௘௫ℎ௔௨௦௧ is total exergy of exhaust gases; ܧ஽,௧௢௧௔௟ is total exergy destruction. 646 

The exergy-balance residual and relative exergy-balance error is calculated by the equation (52) 647 

and equation (53). Zero numerical exergy-balance error within computational precision is 648 

expected. 649 ܴா௫ = ௙ݔܧ + ௔௜௥,1ݔܧ − ௡ܹ௘௧ − ௘௫ℎ௔௨௦௧ݔܧ − ஽,௧௢௧௔௟ܧ                                                                         (52) 650 

߳ா௫ = |ܴா௫|ݔܧ௙ + ௔௜௥,1ݔܧ  × 100                                                                                                                    (53) 651 

 652 

3.22 Second-Law Efficiency 653 

The second-law efficiency is defined as the ratio of the specific net work output to the chemical 654 

exergy supplied by the methane fuel, as expressed in Eq. (54). The specific net work output 655 

accounts for the turbine work output and the total compressor work input; for the intercooled 656 

configuration, the work inputs of both compressor stages are included. The fuel exergy input is 657 

calculated using the methane fuel-to-air mass ratio and the specific chemical exergy of methane. 658 

The resulting second-law efficiency indicates the fraction of the supplied fuel exergy converted 659 

into useful net work. 660 

ூூߟ =  ௡ܹ௘௧ݔܧ௙ + ௔௜௥,1ݔܧ                                                                                                                                   (54) 661 

 662 

3.23 Multi-Objective Decision Index 663 

The gas-turbine operating conditions were evaluated using multiple performance indicators. These 664 

includes net work, thermal efficiency, second-law efficiency, specific fuel consumption, and total 665 

exergy destruction. Because these parameters have different units and optimization directions, they 666 

were normalized before combining them into a single decision index. For a benefit-type parameter 667 



X, for which a higher value is desirable, the normalized value is obtained by the equation (55). For 668 

a cost-type parameter X, for which a lower value is desirable, the normalized value is is obtained 669 

by the equation (56). 670 

ܺ௡௢௥௠ = ܺ −  ܺ௠௜௡ܺ௠௔௫ − ܺ௠௜௡                                                                                                                              (55) 671 

ܺ௡௢௥௠ = ܺ௠௔௫ − ܺܺ௠௔௫ − ܺ௠௜௡                                                                                                                              (56) 672 

The benefit criteria are specific net work output Wne, thermal efficiency ߟ௧ℎ, and second-law 673 

efficiency ߟூூ, for which higher values are preferred. The cost criteria are specific fuel consumption 674 

SFC and total exergy destruction ܧ஽,௧௢௧௔௟, for which lower values are preferred. Equal weighting 675 

is assigned to all five normalized criteria. The overall decision index DI is calculated using Eq. 676 

(57). A higher DI indicates a more favorable compromise among the selected performance criteria 677 

under the adopted normalization and weighting scheme. 678 

ܫܦ = ௪௡௘௧ܫ  + ఎ೟ℎܫ + ఎ಺಺ܫ + ௌி஼ܫ + ாವ5ܫ                                                                                                   (57) 679 

 680 

3.24 Pareto-Optimal Analysis 681 

A Pareto-based analysis was performed to identify feasible operating points that provide favorable 682 

trade-offs among four thermodynamic objectives: maximizing specific net work output Wnet, 683 

maximizing thermal efficiency ߟ௧ℎ, maximizing second-law efficiency ߟ௧ℎ, and minimizing total 684 

exergy destruction ܧ஽,௧௢௧௔௟,. An operating point is classified as Pareto-optimal when no other 685 

feasible operating point can improve at least one objective without worsening at least one of the 686 

other objectives. Unlike the decision-index method, Pareto analysis does not combine the 687 

objectives into a single score; instead, it identifies a set of non-dominated operating conditions. 688 

This distinction is important because maximum power, maximum efficiency, and minimum exergy 689 

destruction do not necessarily occur at the same operating condition. 690 

3.25 Numerical Verification and Thermodynamic Consistency 691 

The computational model was subjected to several numerical verification checks to ensure 692 

consistency between the governing equations and their implementation. 693 



3.25.1 Analytical Brayton-Cycle Verification 694 

The analytical thermal efficiency of an ideal Brayton cycle is calculates by equation (58). Where, 695 

PR is the pressure ratio and ߛ௔ is the specific heat ratio of air. The deviation between the analytical 696 

and computational values is calculated by equation (59). The maximum deviation between the 697 

analytical and computational thermal efficiencies for the ideal Brayton cycle was approximately 698 

4.19 x 10-14 % over the tested pressure ratios, indicating agreement within numerical precision. 699 ߟ௜ௗ௘௔௟700 = 1 − ܴܲఊೌ−1ఊೌ                                                                                                                                   (58) 701 

௜ௗ௘௔௟ߜ = ௠௢ௗ௘௟ߟ| − ௔௡௔௟௬௧௜௖௔௟ߟ௔௡௔௟௬௧௜௖௔௟ߟ |  × 100                                                                                                 (59) 702 

 703 

3.25.2 Gouy-Stodola Consistency  704 

For every component, the calculated exergy destruction was checked against the Gouy-Stodola 705 

relation equation (60) and the numerical deviation was evaluated by the equation (61). The 706 

maximum absolute deviation between the calculated component exergy destruction and the 707 

corresponding T0Sgen value was approximately 1.14 x 10-13 kJ/kg of inlet air, indicating agreement 708 

within numerical precision. 709 ܧ஽,௝ = 0ܶ ௚ܵ௘௡,௝                                                                                                                                            (60) 710 ீߜௌ,௝ = ஽,௝ܧ − 0ܶ ௚ܵ௘௡,௝                                                                                                                              (61) 711 

 712 

3.25.3 Component Exergy-balance Check 713 

The sum of component exergy destructions was compared with the independently calculated total 714 

exergy destruction. Equation (62) represents the verification equation and the component-balance 715 

residual is represented by the equation (63). A zero value of ܴ௖௢௠௣ confirms consistency between 716 

the component-wise and total exergy calculations. 717 ܧ஽,௧௢௧௔௟ =  ∑ ஽,௝௝ܧ                                                                                                                                     (62) 718 



ܴ௖௢௠௣ = ஽,௧௢௧௔௟ܧ −  ∑ ஽,௝௝ܧ                                                                                                                    (63) 719 

 720 

3.25.4 Overall Exergy-balance  721 

The overall exergy balance was independently checked using equation (64) and corresponding 722 

percentage error is calculated using equation (65). The maximum relative error in the overall 723 

exergy balance was approximately 1.16 x 10-13 %, indicating that the calculated exergy balance 724 

closed within numerical precision. 725 ܴா௫ = ௙ݔܧ + ௔௜௥,1ݔܧ − ௡ܹ௘௧ − ௘௫ℎ௔௨௦௧ݔܧ − ஽,௧௢௧௔௟ܧ                                                                         (64) 726 

߳ா௫ = |ܴா௫|ݔܧ௙ + ௔௜௥,1ݔܧ  × 100                                                                                                                    (65) 727 

 728 

3.25.5 Combustion Feasibility  729 

The calculated air-fuel ratio was checked against the stoichiometric air-fuel ratio: AFR ≥ AFRst 730 

The calculated air-to-fuel ratio (AFR) was compared with the stoichiometric air-to-fuel ratio 731 

(AFRst) to assess combustion feasibility under the adopted model assumptions. The condition 732 

indicates that the calculated mixture is not fuel-rich relative to the stoichiometric requirement. The 733 

stoichiometric air-to-fuel ratio for methane was 17.12 kg air per kg fuel. Across the investigated 734 

operating conditions, the calculated AFR ranged from 33.22 to 272.15 kg air per kg fuel, and no 735 

operating point violated the specified feasibility condition. 736 

 737 

3.26 Computational Procedure 738 

The computational procedure was implemented in Python to evaluate the simple and two-stage 739 

intercooled Brayton cycles over the specified ranges of ambient temperature, nominal compressor 740 

pressure ratio, and turbine inlet temperature. For each operating condition, the compressor states 741 

were calculated first. For the intercooled configuration, the low-pressure compression, 742 

intercooling, and high-pressure compression processes were evaluated sequentially, accounting 743 

for the specified pressure losses. The methane fuel requirement was then determined from the 744 



combustor energy balance, and the combustion-product composition was calculated using the 745 

methane combustion reaction. Temperature-dependent thermodynamic properties were used to 746 

determine the enthalpy, entropy, and physical and chemical exergy of the combustion products. 747 

The turbine outlet state, turbine work, compressor work, specific net work, thermal efficiency, and 748 

specific fuel consumption were subsequently evaluated. Entropy generation and exergy 749 

destruction were calculated for the individual components and the overall cycle, followed by the 750 

determination of second-law efficiency. The calculated results were checked for combustion 751 

feasibility and thermodynamic consistency using the ideal Brayton-cycle relation, the Gouy–752 

Stodola relation, component exergy accounting, and the overall exergy balance. All operating 753 

cases were retained for the detailed parametric analysis, while cases with non-positive net work 754 

were excluded where appropriate from the performance-selection and multi-objective analyses. 755 

Finally, the decision-index and Pareto analyses were performed to identify operating conditions 756 

that offer different trade-offs among the selected performance objectives. 757 

4. Results and Discussion 758 

4.1 Overview of Numerical Results 759 

The thermodynamic performance, entropy generation, and exergy destruction of the simple and 760 

two-stage intercooled Brayton cycles were evaluated over compressor pressure ratios of 6–30, 761 

turbine inlet temperatures of 800–1400°C, and ambient temperatures of 15–45°C. The model 762 

incorporates temperature-dependent specific heats for the combustion products and evaluates 763 

physical and chemical exergy, component-wise entropy generation, and exergy destruction. A total 764 

of 1,274 operating cases was evaluated across the two cycle configurations. Operating feasibility 765 

and positive-net-work conditions were assessed separately where required for the subsequent 766 

performance-selection and multi-objective analyses. 767 

Numerical verification indicated that the calculated exergy balances and the consistency between 768 

exergy destruction and the Gouy–Stodola relation satisfied the prescribed checks within 769 

computational precision. The maximum overall exergy-balance error was approximately 1.16 x 770 

10-13 %, while the maximum deviation between component exergy destruction and T0Sgen was 771 

approximately 1.14 x 10-13 kJ/kg of inlet air. No negative component-wise exergy-destruction 772 

values or violations of the imposed stoichiometric combustion constraint were detected. These 773 



checks support the numerical consistency of the implemented calculations; however, they should 774 

not be interpreted as independent experimental validation of the thermodynamic model. 775 

 776 

4.2 Effect of Pressure Ratio and Turbine Inlet Temperature on Net Work 777 

Figure 3 shows the variation of specific net work with nominal compressor pressure ratio at 778 

different turbine inlet temperatures (TIT) for the simple and two-stage intercooled Brayton cycles. 779 

Specific net work is calculated as the turbine work minus the compressor work per unit mass of 780 

air. For the simple cycle, the maximum specific net work within the investigated operating range 781 

is 459.00 kJ/kg air, obtained at an ambient temperature of 15°C, a nominal pressure ratio of 16, 782 

and a TIT of 1400°C. 783 

As shown in Fig. 3(a), increasing TIT generally increases specific net work because the higher 784 

turbine inlet temperature increases the enthalpy available for expansion and hence the turbine 785 

work. The effect of pressure ratio is non-monotonic. Increasing pressure ratio initially improves 786 

specific net work, but the associated increase in compressor work eventually offsets the additional 787 

turbine work. Consequently, the maximum specific net work occurs at a pressure ratio of 16 rather 788 

than at the upper limit of the investigated pressure-ratio range. 789 

For the two-stage intercooled cycle, Fig. 3(b) shows a maximum specific net work of 532.91 kJ/kg 790 

air at an ambient temperature of 15°C, a nominal pressure ratio of 28, and a TIT of 1400°C. This 791 

is approximately 16.1% higher than the maximum obtained for the simple cycle. The increase is 792 

consistent with the reduction in compression work achieved by cooling the air between the low-793 

pressure and high-pressure compressor stages. Because the high-pressure compressor receives 794 

cooler air, its specific work requirement is reduced, allowing the intercooled cycle to retain a net-795 

work advantage at higher pressure ratios. 796 

The shift in the pressure ratio associated with maximum specific net work—from 16 for the simple 797 

cycle to 28 for the intercooled cycle—shows that intercooling changes the balance between 798 

compressor work and turbine work. However, these values represent the maxima found within the 799 

specified ranges of ambient temperature, TIT, and nominal pressure ratio; they should not be 800 

interpreted as universal optimum pressure ratios for gas turbines under all operating conditions. 801 



 802 

(a) Simple Brayton 803 

 804 

(b) Two-stage intercooled Brayton cycles 805 

Figure 3. Variation of specific net work with compressor pressure ratio at different turbine 806 

inlet temperatures for (a) the simple Brayton cycle and (b) the two-stage intercooled 807 

Brayton cycle. 808 



4.3 Effect of Ambient Temperature on Net Work 809 

Figure 4 illustrates the variation of specific net work with ambient temperature for different turbine 810 

inlet temperatures (TIT) and nominal compressor pressure ratios (PR) for the simple and two-stage 811 

intercooled Brayton cycles. The results show how the compressor inlet condition influences the 812 

useful work produced by the two configurations over the investigated operating range. 813 

For both cycle configurations, specific net work decreases as ambient temperature increases from 814 

15 to 45°C. At a fixed nominal pressure ratio and TIT, a higher ambient temperature increases the 815 

compressor inlet temperature. This raises the temperature at the compressor outlet and increases 816 

the specific compression work. Because specific net work is the difference between turbine work 817 

and compressor work, the increased compression-work requirement reduces the useful work 818 

available from the cycle. The downward trend in Fig. 4 therefore indicates an adverse ambient-819 

temperature effect on gas-turbine power-producing capability. 820 

The effect of TIT is also evident in Fig. 4. At a given ambient temperature and nominal pressure 821 

ratio, increasing TIT generally increases specific net work because the higher turbine inlet enthalpy 822 

increases the work obtainable during turbine expansion. Thus, the higher-TIT operating conditions 823 

generally provide greater specific net work than the lower-TIT conditions. However, the 824 

magnitude of the benefit depends on the nominal pressure ratio because the compressor-work 825 

requirement also changes with pressure ratio. 826 

The simple-cycle results in Fig. 4(a) show that the combined effects of ambient temperature, TIT, 827 

and pressure ratio determine the resulting specific net work. Within the investigated range, the 828 

maximum value is 459.00 kJ/kg air at an ambient temperature of 15°C, TIT of 1400°C, and 829 

nominal pressure ratio of 16. This result illustrates that the highest specific net work is obtained 830 

from a combination of operating parameters rather than from the maximum pressure ratio alone. 831 

Figure 4(b) shows similar ambient-temperature and TIT trends for the two-stage intercooled cycle, 832 

but with a different pressure-ratio response. Intercooling reduces the air temperature entering the 833 

high-pressure compressor and consequently reduces the work required for the second compression 834 

stage. This reduction in compression work contributes to the higher specific net work obtained 835 

with the intercooled configuration, particularly at higher nominal pressure ratios. The maximum 836 

specific net work is 532.91 kJ/kg air at an ambient temperature of 15°C, TIT of 1400°C, and 837 

nominal pressure ratio of 28. 838 



  
(a) Simple Brayton Cycle (b) Two-stage intercooled Brayton cycles 

 839 

Figure 4. Variation of specific net work with ambient temperature at different turbine inlet 840 

temperatures and compressor pressure ratios for (a) the simple Brayton cycle and (b) the 841 

two-stage intercooled Brayton cycle.. 842 

Although intercooling improves specific net work under the identified high-performance 843 

conditions, it does not eliminate the adverse effect of increasing ambient temperature. The 844 

compressor inlet temperature still rises with ambient temperature, and the resulting increase in 845 

compression work continues to penalize cycle performance. These results indicate that 846 

intercooling can mitigate the compression-work penalty associated with high pressure ratios, while 847 

ambient-temperature management remains important for maintaining gas-turbine output in hot 848 

operating conditions. The reported maxima and trends apply to the operating range and 849 

assumptions considered in this numerical study. 850 

4.4 Effect of Pressure Ratio, TIT and ambient temperature on Thermal Efficiency and 851 

specific net work output. 852 

Figure 5 presents the variation of thermal efficiency and specific net work with nominal 853 

compressor pressure ratio for the simple and two-stage intercooled Brayton cycles at different 854 



turbine inlet temperatures (TIT) and ambient temperatures. The calculations cover nominal 855 

compressor pressure ratios of 6–30, TIT values of 800–1400°C, and ambient temperatures of 15–856 

45°C. Thermal efficiency and specific net work are considered together because the operating 857 

condition that maximizes the conversion of fuel energy into useful work is not necessarily the 858 

condition that produces the maximum work per unit mass of air. 859 

Simple Brayton cycle 860 

Figure 5(a) shows that thermal efficiency generally increases with nominal compressor pressure 861 

ratio over the lower-to-intermediate range and approaches its maximum at the upper end of the 862 

investigated range. This behavior reflects the competing effects of compression and expansion. 863 

Increasing the pressure ratio changes both compressor work and turbine work, as well as the heat 864 

supplied during combustion. Consequently, thermal efficiency does not necessarily follow the 865 

same trend as specific net work. 866 

Increasing TIT generally improves thermal efficiency within the investigated operating range 867 

because it increases the enthalpy of the gas entering the turbine and the potential work obtainable 868 

during expansion. The maximum thermal efficiency calculated for the simple cycle is 41.85%, 869 

obtained at an ambient temperature of 15°C, a nominal compressor pressure ratio of 30, and a TIT 870 

of 1400°C. 871 

The specific-net-work results demonstrate why the two performance indicators should be 872 

interpreted separately. The maximum specific net work for the simple cycle is 459.00 kJ/kg of air, 873 

obtained at an ambient temperature of 15°C, a nominal pressure ratio of 16, and a TIT of 1400°C. 874 

Thus, the pressure ratio associated with maximum net work is lower than that associated with 875 

maximum thermal efficiency. Beyond the net-work maximum, the additional compressor-work 876 

requirement offsets the benefit of further increasing turbine expansion work, even though thermal 877 

efficiency can continue to improve. 878 

Ambient temperature adversely affects both performance indicators. At a fixed nominal pressure 879 

ratio and TIT, increasing ambient temperature raises the compressor inlet temperature and 880 

increases the specific work required for compression. This reduces the difference between turbine 881 

work and compressor work and therefore decreases specific net work. The corresponding reduction 882 

in thermal efficiency indicates that a smaller fraction of the fuel energy is converted into useful 883 

net work under the higher-ambient-temperature conditions considered. 884 



Two-stage intercooled Brayton cycle 885 

Figure 5(b) presents the corresponding results for the two-stage intercooled Brayton cycle. 886 

Intercooling reduces the temperature of the air entering the high-pressure compressor, thereby 887 

reducing the work required for the second compression stage. This changes the relationship 888 

between pressure ratio and net work and allows the cycle to retain a higher net-work output at a 889 

higher nominal pressure ratio than the simple cycle. 890 

The maximum thermal efficiency of the intercooled cycle is 40.59%, obtained at an ambient 891 

temperature of 15°C, a nominal pressure ratio of 30, and a TIT of 1400°C. This is lower than the 892 

maximum thermal efficiency of the simple cycle, which is 41.85%. The result shows that reducing 893 

compressor work through intercooling does not automatically improve the overall ratio of net work 894 

output to fuel energy supplied. The additional intercooling process and the associated heat 895 

rejection must also be considered when evaluating the complete cycle. 896 

The intercooled cycle achieves a maximum specific net work of 532.91 kJ/kg of air at an ambient 897 

temperature of 15°C, a nominal pressure ratio of 28, and a TIT of 1400°C. This maximum is 898 

approximately 16.1% higher than the maximum specific net work obtained for the simple cycle. 899 

The improvement is consistent with the reduction in compression work achieved by intercooling. 900 

The nominal pressure ratio associated with maximum net work therefore shifts from 16 for the 901 

simple cycle to 28 for the intercooled cycle. 902 

These results reveal a trade-off between power output and thermal efficiency. Under the reported 903 

maximum-performance conditions, the intercooled configuration produces greater specific net 904 

work, whereas the simple cycle achieves higher maximum thermal efficiency. Increasing ambient 905 

temperature remains detrimental to the performance of both configurations. Accordingly, the 906 

preferred cycle configuration depends on whether the principal design objective is to maximize 907 

specific net work, maximize thermal efficiency, or balance the two performance measures. The 908 

reported maxima apply to the investigated operating range and model assumptions and should not 909 

be interpreted as universal optimum operating conditions for all gas turbines. 910 



 911 

(a) Simple Brayton Cycle 912 

 913 

(b) Two-stage intercooled Brayton cycles 914 

 915 

Figure 5. Variation of Thermal Efficiency and Specific Net Work with Compressor 916 

Pressure Ratio at Different Turbine Inlet and Ambient Temperatures 917 



4.5 Effect on Second-Law Efficiency 918 

Figure 6 presents the variation of second-law efficiency with nominal compressor pressure ratio 919 

for different turbine inlet temperatures (TIT) for the simple and two-stage intercooled Brayton 920 

cycles. Second-law efficiency evaluates cycle performance from an exergy perspective and 921 

indicates how effectively the fuel exergy is converted into useful net work. Unlike thermal 922 

efficiency, which is based on the energy supplied and useful work produced, second-law efficiency 923 

also reflects the thermodynamic quality of the energy conversion processes and the irreversibilities 924 

occurring within the cycle. 925 

For the simple Brayton cycle, the maximum second-law efficiency is 40.366%, obtained at an 926 

ambient temperature of 15°C, a nominal compressor pressure ratio of 30, and a TIT of 1400°C. 927 

For the two-stage intercooled Brayton cycle, the maximum is 39.156%, obtained at the same 928 

ambient temperature, nominal pressure ratio, and TIT. Thus, under the investigated conditions, the 929 

maximum second-law efficiency of the simple cycle is approximately 1.21 percentage points 930 

higher than that of the intercooled cycle. 931 

The results indicate that the reduction in compressor work achieved through intercooling does not 932 

necessarily produce a corresponding increase in second-law efficiency. Intercooling reduces the 933 

temperature of the air entering the high-pressure compressor and lowers the work required for 934 

compression. However, the intercooler also involves heat rejection and finite-temperature heat 935 

transfer, which contribute to entropy generation and exergy destruction under the assumptions 936 

used in the present model. The overall second-law performance therefore depends on the combined 937 

effects of compressor work, combustion, turbine expansion, and intercooling rather than on 938 

compressor-work reduction alone. 939 

The comparison with thermal efficiency is important. The simple cycle attains a maximum thermal 940 

efficiency of 41.85%, whereas the intercooled cycle attains 40.59%. The corresponding second-941 

law-efficiency maxima follow the same ordering. This agreement indicates that the simple cycle 942 

performs better according to both maximum-efficiency measures in the investigated range, 943 

although the intercooled cycle achieves a higher maximum specific net work. Consequently, 944 

selecting a configuration based only on power output may lead to a different choice from selecting 945 

it based on energy-conversion efficiency. 946 



 947 
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 949 

(b) two-stage intercooled Brayton 950 

Figure 6. Variation of second-law efficiency with nominal compressor pressure ratio at 951 

different turbine inlet temperatures for (a) the simple Brayton cycle and (b) the two-stage 952 

intercooled Brayton cycle. 953 



These results should be interpreted within the specified operating range and the exergy-accounting 954 

assumptions adopted in this study. In particular, the lower maximum second-law efficiency of the 955 

intercooled cycle does not, by itself, establish that its total exergy destruction is higher at every 956 

matched operating condition. That comparison requires examination of the calculated component-957 

wise and total exergy-destruction values at corresponding operating points. 958 

4.6 Specific Fuel Consumption 959 

Figure 7(a) illustrates the variation of specific fuel consumption (SFC) with compressor pressure 960 

ratio for different turbine inlet temperatures (TIT), while Figure 7(b) presents the corresponding 961 

relationship between specific net work and thermal efficiency for the simple and two-stage 962 

intercooled Brayton cycles.  963 

Figure 7 compares the specific fuel consumption (SFC) and the relationship between specific net 964 

work and thermal efficiency for the simple and two-stage intercooled Brayton cycles at an ambient 965 

temperature of 15°C. The nominal compressor pressure ratio ranges from 6 to 30, and the turbine 966 

inlet temperature (TIT) ranges from 800 to 1400°C. SFC is an important performance indicator 967 

because it expresses the fuel mass required to produce a unit of useful energy output. Lower SFC 968 

therefore indicates more effective fuel utilization for power generation. 969 

 970 

Figure 7. Variation of (a) specific fuel consumption with nominal compressor pressure 971 

ratio and (b) specific net work with thermal efficiency at different turbine inlet 972 

temperatures for the simple and two-stage intercooled Brayton cycles at an ambient 973 

temperature of 15°C. 974 



Specific fuel consumption 975 

Figure 7(a) shows that SFC generally decreases as nominal compressor pressure ratio increases 976 

over the investigated operating range. The reduction is associated with changes in turbine work, 977 

compressor work, and thermal efficiency as the pressure ratio increases. However, the relationship 978 

is not governed by pressure ratio alone: the effect depends on TIT and the resulting balance 979 

between fuel input and useful net work. 980 

Increasing TIT from 800 to 1400°C shifts the SFC curves toward lower values for both 981 

configurations. The higher turbine inlet temperature increases the enthalpy available for expansion 982 

and generally increases net work relative to fuel consumption. The resulting improvement in fuel 983 

utilization is reflected in the lower calculated SFC at higher TIT. 984 

For the simple Brayton cycle, the minimum SFC decreases from approximately 0.250 kg/kWh at 985 

TIT = 800°C to 0.172 kg/kWh at TIT = 1400°C. For the two-stage intercooled cycle, the 986 

corresponding minimum decreases from approximately 0.250 to 0.177 kg/kWh. The lowest SFC 987 

values obtained in the investigated cases are therefore 0.172 kg/kWh for the simple cycle and 0.177 988 

kg/kWh for the intercooled cycle, both at an ambient temperature of 15°C, TIT = 1400°C, and 989 

nominal pressure ratio = 30. 990 

These results indicate that the simple cycle achieves a slightly lower minimum SFC than the 991 

intercooled cycle under the reported conditions. Although intercooling reduces compression work 992 

and increases the maximum specific net work, these benefits do not necessarily translate into lower 993 

fuel consumption per unit of useful output. The fuel required to establish the turbine inlet condition 994 

and the resulting cycle efficiency must also be considered. 995 

The nominal pressure ratio associated with minimum SFC changes with TIT. In the simple cycle, 996 

the minimum-SFC pressure ratio shifts from approximately 12 at TIT = 800°C to 30 at TIT = 997 

1400°C. In the intercooled cycle, it shifts from approximately 16 to 30 over the same TIT range. 998 

This trend indicates that the pressure ratio providing the best fuel utilization depends on the turbine 999 

inlet temperature; a single pressure ratio should not be assumed to minimize SFC at every 1000 

operating condition. 1001 

Specific net work versus thermal efficiency 1002 



Figure 7(b) complements the SFC analysis by showing the relationship between specific net work 1003 

and thermal efficiency. For a given TIT, increasing nominal pressure ratio initially improves both 1004 

indicators over part of the operating range. At higher pressure ratios, however, the additional 1005 

compressor-work requirement can cause specific net work to decrease even while thermal 1006 

efficiency continues to increase. 1007 

For the simple cycle at TIT = 1400°C and an ambient temperature of 15°C, maximum specific net 1008 

work is 459.00 kJ/kg of air at a nominal pressure ratio of 16, whereas maximum thermal efficiency 1009 

is 41.85% at a nominal pressure ratio of 30. For the intercooled cycle, maximum specific net work 1010 

is 532.91 kJ/kg of air at a nominal pressure ratio of 28, while maximum thermal efficiency is 1011 

40.59% at a nominal pressure ratio of 30. These differences demonstrate that the pressure ratio for 1012 

maximum power output does not necessarily correspond to the pressure ratio for maximum thermal 1013 

efficiency or minimum SFC. 1014 

Increasing TIT generally shifts the specific-work–efficiency relationship toward higher 1015 

performance levels. In the simple cycle, the reported maximum specific net work increases from 1016 

approximately 161.6 kJ/kg of air at TIT = 800°C to 459.0 kJ/kg of air at TIT = 1400°C. For the 1017 

intercooled cycle, it increases from approximately 189.6 to 532.9 kJ/kg of air over the same TIT 1018 

range. Intercooling therefore provides a substantial net-work advantage under the high-TIT 1019 

conditions investigated, but the results do not establish that it also provides the lowest SFC or the 1020 

highest thermal efficiency. 1021 

Overall, Figure 7 highlights the need to evaluate fuel utilization, net power output, and thermal 1022 

efficiency together. The simple cycle achieves the lower minimum SFC and higher maximum 1023 

thermal efficiency, whereas the intercooled cycle achieves the higher maximum specific net work. 1024 

The preferred configuration consequently depends on the performance objective and the operating 1025 

conditions rather than on any single indicator. 1026 

4.7 Effect of Pressure Ratio and TIT on Total Exergy Destruction 1027 

Figure 8 presents the variation of total exergy destruction with nominal compressor pressure ratio 1028 

at different turbine inlet temperatures (TIT) for the simple and two-stage intercooled Brayton 1029 

cycles. The results are evaluated at an ambient temperature of 15°C, with pressure ratio and TIT. 1030 

Total exergy destruction quantifies the loss of useful work potential caused by the irreversibilities 1031 

represented in the thermodynamic model.  1032 
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(a) Simple Brayton Cycle. 1034 

 1035 

(b) ) Two-stage intercooled Brayton cycle. 1036 

Figure 8. Variation of total exergy destruction with nominal compressor pressure ratio at 1037 

different turbine inlet temperatures for (a) the simple Brayton cycle and (b) the two-stage 1038 

intercooled Brayton cycle at an ambient temperature of 15°C. 1039 



Effect of nominal compressor pressure ratio 1040 

For the simple Brayton cycle, total exergy destruction decreases with increasing nominal pressure 1041 

ratio over the investigated range. For example, at TIT = 800°C, total exergy destruction decreases 1042 

from approximately 315.3 kJ/kg of air at a pressure ratio of 6 to 185.0 kJ/kg at a pressure ratio of 1043 

30. At TIT = 1400°C, it decreases from approximately 511.2 to 377.4 kJ/kg over the same pressure-1044 

ratio range. These results show that the effect of pressure ratio on exergy destruction differs from 1045 

its effect on specific net work: the pressure ratio that minimizes exergy destruction is not 1046 

necessarily the pressure ratio that maximizes net work. 1047 

For the two-stage intercooled cycle, total exergy destruction also decreases as nominal pressure 1048 

ratio increases. At TIT = 800°C, it decreases from approximately 396.9 kJ/kg of air at a pressure 1049 

ratio of 6 to 361.3 kJ/kg at a pressure ratio of 30. At TIT = 1400°C, the corresponding values are 1050 

approximately 592.9 and 553.4 kJ/kg. The reduction is smaller than that observed for the simple 1051 

cycle in the cited cases. This difference reflects the combined contributions of the compressor 1052 

stages, intercooler, combustor, and turbine, rather than the compression-work reduction alone. 1053 

Effect of turbine inlet temperature 1054 

Increasing TIT produces a substantial increase in total exergy destruction in both configurations. 1055 

For the simple cycle, at a nominal pressure ratio of 18, total exergy destruction increases from 1056 

approximately 226.2 kJ/kg at TIT = 800°C to 419.5 kJ/kg at TIT = 1400°C. The increase is also 1057 

evident at the pressure-ratio limits: at a pressure ratio of 6, the reported values increase from 1058 

approximately 315.3 to 511.2 kJ/kg, while at a pressure ratio of 30 they increase from 1059 

approximately 185.0 to 377.4 kJ/kg. 1060 

The same overall trend is observed for the intercooled cycle. At a pressure ratio of 6, total exergy 1061 

destruction increases from approximately 396.9 kJ/kg at TIT = 800°C to 592.9 kJ/kg at TIT = 1062 

1400°C. At a pressure ratio of 30, it increases from approximately 361.3 to 553.4 kJ/kg. These 1063 

results indicate that the higher-TIT operating conditions are associated with greater absolute 1064 

exergy destruction in the present model, even though higher TIT also increases the work available 1065 

from turbine expansion. 1066 

The component-wise results identify the combustor as the largest contributor to total exergy 1067 

destruction. Its average contribution is approximately 249.47 kJ/kg for the simple cycle and 350.42 1068 



kJ/kg for the intercooled cycle. The combustor accounts for approximately 76.56% and 75.03% of 1069 

the respective average total exergy destruction. The importance of combustion irreversibility is 1070 

therefore evident in both configurations. However, the increase in total exergy destruction with 1071 

TIT should be interpreted alongside the increased fuel-energy input and power output, rather than 1072 

being treated as an isolated measure of poor performance. 1073 

Comparison of the two configurations 1074 

At corresponding TIT and nominal pressure-ratio conditions, the reported results show higher total 1075 

exergy destruction for the intercooled cycle than for the simple cycle. For example, at TIT = 1076 

1200°C and a pressure ratio of 18, the reported values are approximately 360.4 kJ/kg for the simple 1077 

cycle and 503.7 kJ/kg for the intercooled cycle. At TIT = 1400°C and a pressure ratio of 30, the 1078 

corresponding values are approximately 377.4 and 553.4 kJ/kg. 1079 

The component-wise analysis helps explain this difference. Intercooling reduces the temperature 1080 

entering the high-pressure compressor and lowers the work required for compression. 1081 

Nevertheless, the intercooler introduces an additional heat-transfer process and associated exergy 1082 

destruction. Its average exergy destruction is approximately 38.43 kJ/kg, while the average exergy 1083 

destruction of each compressor stage is approximately 16.78 kJ/kg. The intercooled cycle also 1084 

exhibits a higher average combustor exergy destruction in the present calculations. Thus, reduced 1085 

compression work does not, by itself, ensure lower total exergy destruction. 1086 

The power-output results provide the complementary perspective. The maximum specific net work 1087 

is 532.91 kJ/kg of air for the intercooled cycle, compared with 459.00 kJ/kg for the simple cycle. 1088 

The intercooled configuration therefore provides a higher maximum specific net work, while the 1089 

reported component and total exergy-destruction results indicate a greater exergy-destruction 1090 

burden. These findings demonstrate the importance of considering power output and exergy 1091 

destruction together when comparing cycle configurations. 1092 

Overall, within the investigated operating range, increasing nominal pressure ratio reduces total 1093 

exergy destruction, whereas increasing TIT increases it. The simple cycle exhibits lower total 1094 

exergy destruction than the intercooled cycle in the reported comparisons, while the intercooled 1095 

cycle provides higher maximum specific net work. These conclusions apply to the present model, 1096 

parameter ranges, and exergy-accounting assumptions; they should not be generalized beyond 1097 

those conditions without further analysis. 1098 



4.8 Component-Wise Exergy Destruction 1099 

 1100 

(a) Simple Brayton Cycle 1101 

 1102 

(b) Two-stage intercooled Brayton cycle.  1103 

Figure 9. Component-wise exergy destruction for (a) the simple Brayton cycle and (b) the 1104 

two-stage intercooled Brayton cycle. 1105 



Figure 9 compares the component-wise exergy destruction of the simple and two-stage intercooled 1106 

Brayton cycles. The analysis identifies the combustor as the largest contributor to total exergy 1107 

destruction in both configurations. The results also show how dividing compression into two stages 1108 

with intermediate cooling changes the distribution of exergy destruction among the compressors, 1109 

intercooler, combustor, and turbine. 1110 

For the simple Brayton cycle, the average exergy destruction is approximately 249.47 kJ/kg of air 1111 

in the combustor, 40.79 kJ/kg in the turbine, and 27.47 kJ/kg in the compressor. The combustor 1112 

therefore represents the dominant source of exergy destruction in the calculated cases. This finding 1113 

is consistent with the irreversible nature of combustion, which involves chemical reaction and heat 1114 

transfer across finite temperature differences. The results indicate that combustion-related 1115 

irreversibility is an important consideration when seeking to improve the thermodynamic 1116 

performance of the simple cycle. 1117 

For the two-stage intercooled Brayton cycle, the average exergy destruction is approximately 1118 

350.42 kJ/kg of air in the combustor, 38.43 kJ/kg in the intercooler, 16.78 kJ/kg in the low-pressure 1119 

compressor, 16.78 kJ/kg in the high-pressure compressor, and 40.65 kJ/kg in the turbine. The 1120 

combustor remains the largest contributor. The intercooler also makes a distinct contribution 1121 

because the intermediate cooling process involves heat transfer and associated irreversibility. 1122 

Comparison of the compressor results shows that the average exergy destruction calculated for 1123 

each compressor stage in the intercooled configuration is lower than that of the single compressor 1124 

in the simple cycle. The simple-cycle compressor contributes approximately 27.47 kJ/kg of air, 1125 

whereas each compressor stage in the intercooled cycle contributes approximately 16.78 kJ/kg. 1126 

This comparison is consistent with the reduction in compression work associated with intermediate 1127 

cooling. However, the two intercooled compressor stages must be considered together when 1128 

assessing the total compressor-related contribution. 1129 

The intercooler introduces an additional average exergy destruction of approximately 38.43 kJ/kg 1130 

of air. In addition, the average combustor exergy destruction is higher in the intercooled-cycle 1131 

calculations than in the simple-cycle calculations. Consequently, the reduction in the exergy 1132 

destruction of each compressor stage does not, by itself, establish a reduction in the total exergy 1133 

destruction of the complete cycle. The contributions of all components must be included in the 1134 

comparison. 1135 



The component-wise results also help explain the distinction between power output and 1136 

thermodynamic irreversibility. The intercooled cycle achieves a maximum specific net work of 1137 

532.91 kJ/kg of air, compared with 459.00 kJ/kg for the simple cycle. Nevertheless, its calculated 1138 

component contributions indicate that the additional intercooling process and the higher combustor 1139 

exergy destruction are important when evaluating its overall exergy performance. A higher net-1140 

work output therefore does not necessarily imply lower total exergy destruction. 1141 

From a design perspective, the combustor is the primary component to examine when seeking to 1142 

reduce exergy destruction in either configuration. The intercooler should also be evaluated 1143 

carefully because its benefit in reducing compressor work must be considered alongside the 1144 

irreversibility associated with heat rejection. Overall, Figure 9 demonstrates that improving one 1145 

component does not necessarily minimize the irreversibility of the complete cycle; the effect on 1146 

total exergy destruction depends on the combined behavior of all components. 1147 

 1148 

 1149 

Fig. 10. Proportional exergy-flow (Sankey/Grassmann) diagrams for (a) the simple Brayton 1150 

cycle at nominal pressure ratio 16 and (b) the two-stage intercooled Brayton cycle at 1151 

nominal pressure ratio 28, both at a turbine inlet temperature of 1400 °C. All percentages 1152 

are normalized to the total cycle exergy input. 1153 



To complement the component-wise exergy destruction analysis, a proportional exergy-flow 1154 

representation is presented in Fig. 10. The diagram illustrates the distribution of the total exergy 1155 

input among net work, exhaust exergy, and exergy destruction in the individual components for 1156 

the selected operating conditions. The simple Brayton cycle is evaluated at a nominal compressor 1157 

pressure ratio of 16, whereas the intercooled Brayton cycle is evaluated at a nominal compressor 1158 

pressure ratio of 28; the turbine inlet temperature is 1400 °C for both cases. These operating points 1159 

correspond to the respective maximum-net-work cases identified in the parametric analysis. 1160 

Therefore, the figure compares the selected high-work operating points rather than configurations 1161 

operating at an identical pressure ratio. 1162 

As shown in Fig. 10, the simple Brayton cycle produces a net work output of 459.0 kJ/kg, 1163 

corresponding to 37.08% of the total exergy input of 1237.8 kJ/kg of air. The exhaust stream 1164 

carries 349.6 kJ/kg of exergy, while the combustor, turbine, and compressor account for the 1165 

remaining exergy destruction. For the intercooled Brayton cycle, the net work output increases to 1166 

532.9 kJ/kg, representing 38.85% of the total exergy input of 1370.6 kJ/kg of air. Its exhaust exergy 1167 

is 283.2 kJ/kg, or 20.65% of the input. The diagram also identifies the additional exergy destruction 1168 

associated with the intercooler. 1169 

These results illustrate the distribution of exergy at the two selected operating points. Although 1170 

the intercooled configuration delivers greater net work and a lower exhaust-exergy fraction, it also 1171 

has a higher total exergy input and additional component-level irreversibility associated with 1172 

intercooling. Consequently, the diagram should be interpreted together with the thermal-1173 

efficiency, second-law-efficiency, and total-exergy-destruction results rather than as evidence that 1174 

intercooling reduces total irreversibility under all operating conditions. 1175 

 1176 

4.9 Multi-Objective Decision Index 1177 

Because maximum specific net work, maximum thermal efficiency, maximum second-law 1178 

efficiency, minimum SFC, and minimum exergy destruction occur at different operating 1179 

conditions, a multi-objective decision index was used. The resulting decision-index comparison is 1180 

shown in Figure 11. 1181 

 1182 



 1183 

(a) Simple Brayton Cycle 1184 

 1185 

(b) Two-stage intercooled Brayton cycle. 1186 

Figure 11. Multi-objective decision index for the simple and two-stage intercooled Brayton 1187 

cycles. 1188 



The multi-objective decision index was used to identify an operating condition that provides a 1189 

balanced compromise among five performance criteria: net work output, thermal efficiency, 1190 

second-law efficiency, specific fuel consumption (SFC), and total exergy destruction. Because 1191 

these criteria have different units and optimization directions, their values were normalized before 1192 

aggregation. Higher net work, thermal efficiency, and second-law efficiency were treated as 1193 

beneficial, whereas lower SFC and total exergy destruction were treated as desirable. Equal 1194 

weighting was assigned to all five criteria; consequently, the resulting index reflects the adopted 1195 

normalization and weighting scheme rather than a universal ranking independent of decision 1196 

preferences. 1197 

Figure 11 shows the variation of the decision index with nominal compressor pressure ratio at an 1198 

ambient temperature of 15 °C and a turbine inlet temperature of 1400 °C. For the simple Brayton 1199 

cycle, the maximum decision index is 0.861 at a nominal pressure ratio of 30. At this condition, 1200 

the net work output is 430.55 kJ/kg of inlet air, the thermal efficiency is 41.85%, the second-law 1201 

efficiency is 40.37%, and the SFC is 0.172 kg/kWh. The corresponding total exergy destruction is 1202 

377.37 kJ/kg of inlet air. This operating point therefore represents the best compromise according 1203 

to the five criteria and the equal-weight formulation adopted in this study. 1204 

For the two-stage intercooled Brayton cycle, the maximum decision index is 0.805, also at a 1205 

nominal pressure ratio of 30, an ambient temperature of 15 °C, and a turbine inlet temperature of 1206 

1400 °C. At this operating point, the cycle produces 532.68 kJ/kg of inlet air as net work, with a 1207 

thermal efficiency of 40.59%, a second-law efficiency of 39.16%, and an SFC of 0.177 kg/kWh. 1208 

Its total exergy destruction is 553.39 kJ/kg of inlet air. Thus, at the respective decision-index 1209 

optima, the intercooled cycle produces approximately 23.7% more net work than the simple cycle, 1210 

but its total exergy destruction is approximately 46.6% higher. Its thermal efficiency and second-1211 

law efficiency are also lower, while its SFC is slightly higher. 1212 

The comparison highlights the trade-off between specific power output and the other 1213 

thermodynamic performance criteria. Although the intercooled cycle delivers greater net work, the 1214 

simple cycle achieves the higher decision index because of its more favorable combined 1215 

performance across efficiency, fuel consumption, and exergy destruction under the adopted 1216 

formulation. This result does not imply that the simple cycle is preferable for every application: 1217 

where maximum specific power is the dominant requirement, the intercooled configuration may 1218 



be more attractive. The decision-index result should therefore be interpreted as a balanced 1219 

selection under the specified criteria and equal weighting, and considered alongside the Pareto-1220 

optimal analysis presented in the following section. 1221 

4.10 Pareto-Optimal Analysis 1222 

Pareto analysis was performed to identify feasible operating conditions that provide different 1223 

compromises among four thermodynamic objectives: maximizing net work output, maximizing 1224 

thermal efficiency, maximizing second-law efficiency, and minimizing total exergy destruction. 1225 

Unlike the equal-weight decision index, Pareto analysis does not combine these objectives into a 1226 

single score. An operating point is Pareto-optimal if no other feasible operating point can improve 1227 

at least one objective without worsening at least one of the other objectives. The analysis therefore 1228 

identifies a set of non-dominated operating conditions rather than a single universally optimal 1229 

solution. 1230 

Figure 12 presents the Pareto-optimal operating points for the simple and two-stage intercooled 1231 

Brayton cycles. The distribution of the solutions illustrates the trade-off between useful work 1232 

output and thermodynamic irreversibility. Operating conditions that deliver high net work do not 1233 

necessarily minimize total exergy destruction. Similarly, conditions favorable for thermal or 1234 

second-law efficiency may not provide the maximum net work. The Pareto front is therefore useful 1235 

for distinguishing operating conditions according to their relative thermodynamic advantages. 1236 

For the simple Brayton cycle, the maximum net work within the investigated operating domain is 1237 

459.00 kJ/kg of inlet air, obtained at an ambient temperature of 15 °C, a turbine inlet temperature 1238 

of 1400 °C, and a nominal compressor pressure ratio of 16. In contrast, the minimum total exergy 1239 

destruction is approximately 160.94 kJ/kg of inlet air and occurs at a different operating condition: 1240 

an ambient temperature of 40 °C, a turbine inlet temperature of 800 °C, and a nominal pressure 1241 

ratio of 28. The difference between these operating points demonstrates that maximizing power 1242 

output and minimizing thermodynamic irreversibility represent distinct optimization objectives. 1243 

For the two-stage intercooled Brayton cycle, the maximum net work reaches 532.91 kJ/kg of inlet 1244 

air at an ambient temperature of 15 °C, a turbine inlet temperature of 1400 °C, and a nominal 1245 

pressure ratio of 28. This is approximately 16.1% higher than the maximum net work obtained 1246 

with the simple cycle. However, the minimum total exergy destruction for the intercooled 1247 

configuration is approximately 344.70 kJ/kg of inlet air, occurring at an ambient temperature of 1248 



45 °C, a turbine inlet temperature of 800 °C, and a nominal pressure ratio of 30. Thus, the 1249 

intercooled cycle offers a higher maximum specific work output within the investigated domain, 1250 

but it does not provide a corresponding reduction in minimum total exergy destruction. 1251 

The Pareto results also emphasize the distinction between efficiency and absolute exergy 1252 

destruction. Thermal and second-law efficiencies describe performance relative to the relevant 1253 

energy or exergy input, whereas total exergy destruction quantifies the magnitude of the work 1254 

potential destroyed by irreversible processes. Consequently, a condition with relatively high 1255 

efficiency can still exhibit substantial absolute exergy destruction. The preferred operating point 1256 

depends on which performance measure is prioritized. 1257 

The component-wise analysis provides further context for these trends. Intercooling reduces the 1258 

compression work and the exergy destruction associated with each compressor stage, but it also 1259 

introduces an additional irreversible heat-transfer process in the intercooler. The combustor 1260 

remains the dominant contributor to component-wise exergy destruction in both configurations. 1261 

The overall effect of intercooling must therefore be assessed at the cycle level rather than inferred 1262 

solely from the reduction in compressor work or from the performance of an individual component. 1263 

Overall, the Pareto analysis shows that no single operating condition simultaneously optimizes all 1264 

four objectives considered in this study. For applications prioritizing high specific power output, 1265 

the high-net-work region of the intercooled cycle is attractive. Where lower total exergy 1266 

destruction and higher efficiency are more important, other operating points may be preferable. 1267 

The Pareto front provides a set of candidate operating conditions from which a final operating 1268 

point can be selected according to the requirements of the intended application and the relative 1269 

importance assigned to the competing thermodynamic objectives. 1270 



 1271 

(a) Simple Brayton Cycle 1272 

 1273 

(b) Two-stage intercooled Brayton cycle. 1274 

Figure 12. Pareto-optimal operating points for (a) the simple Brayton cycle and (b) the two-1275 

stage intercooled Brayton cycle, considering net work output, thermal efficiency, second-1276 

law efficiency, and total exergy destruction.  1277 



4.11 Comparison of Simple and Intercooled Cycles 1278 

Table 3. Comparison of principal thermodynamic performance indicators of the simple and 1279 

two-stage intercooled Brayton cycles over the investigated operating range. 1280 

Performance indicator 
Simple Brayton 

cycle 

Two-stage intercooled 

Brayton cycle 

Maximum specific net work (kJ/kg air) 459.004 532.909 

Pressure ratio at maximum specific net work 16 28 

TIT at maximum specific net work (°C) 1400 1400 

Ambient temperature at maximum network 

(°C) 
15 15 

Maximum thermal efficiency (%) 41.850 40.594 

Maximum second-law efficiency (%) 40.366 39.156 

Minimum SFC (kg/kWh) 0.17204 0.17737 

Minimum total exergy destruction (kJ/kg air) 160.936 344.700 

Minimum total entropy generation (kJ/kg K) 0.539784 1.156130 

Maximum decision index 0.860916 0.804842 

 1281 

The intercooled Brayton cycle achieves a maximum net work output of 532.91 kJ/kg of inlet air, 1282 

compared with 459.00 kJ/kg of inlet air for the simple cycle. This corresponds to an increase of 1283 

approximately 16.1%. The pressure ratio associated with maximum net work shifts from 16 for 1284 

the simple cycle to 28 for the intercooled cycle, with both maxima occurring at an ambient 1285 

temperature of 15 °C and a turbine inlet temperature of 1400 °C. This result demonstrates the 1286 

ability of intercooling to reduce the compression-work requirement and increase the net work 1287 

available from the cycle under the investigated conditions. 1288 

Higher net work output does not, however, imply higher efficiency. The maximum thermal 1289 

efficiencies are 41.85% for the simple cycle and 40.59% for the intercooled cycle. Similarly, the 1290 

maximum second-law efficiencies are 40.37% and 39.16%, respectively. The simple cycle also 1291 

achieves a lower minimum specific fuel consumption, 0.17204 kg/kWh, compared with 0.17737 1292 



kg/kWh for the intercooled cycle. These results indicate that the specific-power advantage of 1293 

intercooling is not accompanied by an improvement in the maximum thermal efficiency, maximum 1294 

second-law efficiency, or minimum specific fuel consumption within the investigated operating 1295 

domain. 1296 

The exergy results reveal a further difference between the configurations. The minimum total 1297 

exergy destruction is 160.936 kJ/kg of inlet air for the simple cycle and 344.700 kJ/kg of inlet air 1298 

for the intercooled cycle. These values represent the respective minima across the investigated 1299 

operating conditions and should not be interpreted as exergy destruction at the maximum-net-work 1300 

points. The component-wise analysis shows that the combustor is the dominant source of exergy 1301 

destruction in both configurations. In the intercooled cycle, the additional irreversibility associated 1302 

with the intercooler contributes to the overall thermodynamic trade-off, despite the lower exergy 1303 

destruction associated with each compressor stage. 1304 

The equal-weight decision-index analysis provides an integrated comparison of net work, thermal 1305 

efficiency, second-law efficiency, specific fuel consumption, and total exergy destruction. The 1306 

maximum decision index is 0.861 for the simple cycle and 0.805 for the intercooled cycle. These 1307 

values indicate that the simple cycle provides the more favorable compromise under the selected 1308 

criteria and equal-weight formulation. They do not imply that the simple cycle is superior for every 1309 

application, because the intercooled cycle retains a clear advantage when maximum specific net 1310 

work is the primary objective. 1311 

Overall, the comparison identifies two distinct thermodynamic design strategies. The intercooled 1312 

cycle is attractive when higher specific net work is prioritized, whereas the simple cycle is more 1313 

favorable under the present modelling assumptions when higher maximum efficiencies, lower 1314 

minimum specific fuel consumption, and lower minimum total exergy destruction are emphasized. 1315 

The final selection should therefore be based on the intended application and the relative 1316 

importance assigned to power output, fuel utilization, efficiency, and thermodynamic 1317 

irreversibility. 1318 

4.12 Integrated Thermodynamic Interpretation 1319 

The integrated energy, entropy-generation, exergy-destruction, and multi-objective analyses 1320 

demonstrate that the simple and two-stage intercooled Brayton cycles offer different 1321 

thermodynamic advantages within the investigated operating domain. The principal benefit of 1322 



intercooling is the increase in specific net work: the maximum net work rises from 459.00 kJ/kg 1323 

of inlet air for the simple cycle to 532.91 kJ/kg of inlet air for the intercooled cycle, an 1324 

improvement of approximately 16.1%. The corresponding nominal pressure ratio shifts from 16 1325 

to 28, while the ambient temperature and turbine inlet temperature remain at 15 °C and 1400 °C, 1326 

respectively. This result is consistent with the reduction in compression work achieved by cooling 1327 

the air between compressor stages. 1328 

The increase in specific net work is not accompanied by an improvement in every performance 1329 

indicator. The maximum thermal efficiency decreases from 41.85% for the simple cycle to 40.59% 1330 

for the intercooled cycle, while the maximum second-law efficiency decreases from 40.37% to 1331 

39.16%. The minimum specific fuel consumption is also lower for the simple cycle. These findings 1332 

indicate that the reduction in compressor work primarily benefits specific power output under the 1333 

assumptions adopted in this model; it does not establish a universal efficiency advantage for 1334 

intercooling. 1335 

The component-wise exergy analysis identifies the combustor as the dominant contributor to 1336 

average component exergy destruction in both configurations. Its reported share is approximately 1337 

76.56% for the simple cycle and 75.03% for the intercooled cycle. In the intercooled configuration, 1338 

each compressor stage has a lower average exergy destruction than the compressor in the simple 1339 

cycle. However, the intercooler introduces an additional source of irreversibility, and the average 1340 

combustor exergy destruction is also higher in the intercooled results. The component analysis 1341 

therefore shows that intercooling redistributes irreversibility among the components rather than 1342 

eliminating it. 1343 

The operating-condition analysis further demonstrates that maximum net work, maximum 1344 

efficiency, and minimum total exergy destruction do not generally occur at the same operating 1345 

point. The Pareto analysis represents these competing objectives without combining them into a 1346 

single score, whereas the equal-weight decision index identifies a balanced operating condition 1347 

according to the five criteria adopted in this study. The maximum decision index is 0.861 for the 1348 

simple cycle and 0.805 for the intercooled cycle. This difference reflects the selected criteria and 1349 

equal weighting; it should not be interpreted as evidence that the simple cycle is superior for every 1350 

application. 1351 



Taken together, the results indicate that cycle selection should depend on the intended operating 1352 

objective. The intercooled configuration is a candidate when higher specific net work is prioritized, 1353 

whereas the simple cycle is more favorable within the present model when maximum thermal 1354 

efficiency, maximum second-law efficiency, lower minimum specific fuel consumption, and lower 1355 

minimum total exergy destruction are emphasized. These conclusions apply to the specified 1356 

component assumptions and investigated ranges of nominal pressure ratio, turbine inlet 1357 

temperature, and ambient temperature. Practical selection would additionally require consideration 1358 

of intercooler auxiliary power, cooling requirements, equipment cost, and performance under 1359 

actual plant operating conditions. 1360 

4.13 Verification of the Computational Model 1361 

The computational model for the simple and two-stage intercooled Brayton cycles was subjected 1362 

to systematic numerical verification to assess the internal consistency of the calculated 1363 

thermodynamic results. The verification was performed through independent analytical 1364 

verification, exergy–entropy consistency checks, component-wise exergy balance checks, overall 1365 

cycle exergy balance, and physical feasibility checks. These checks were applied to the complete 1366 

parametric dataset rather than to a single operating condition. First, the ideal Brayton-cycle 1367 

formulation was verified against the analytical expression for the ideal-gas cycle thermal 1368 

efficiency, 1369 

௧ℎ,௜ௗ௘௔௟ߟ = 1 − 1ܴܲఊ−1ఊ  1370 

Where, PR is the compressor pressure ratio and ߛ is the specific-heat ratio of air. The 1371 

computational implementation reproduced the analytical ideal Brayton-cycle efficiency with a 1372 

maximum deviation of approximately 4.19 x 10-14 %, which is effectively zero at the reported 1373 

numerical precision. This agreement supports the implementation of the ideal-cycle efficiency 1374 

relation and associated pressure-ratio formulation; however, it does not independently validate the 1375 

complete combustion, intercooling, or exergy-analysis model. 1376 

The consistency of the entropy-generation and exergy-destruction calculations was subsequently 1377 

verified using the Gouy–Stodola theorem, 1378 ݔܧ஽ = 0ܶ ௚ܵ௘௡ 1379 



Where T0 = 298.15 K is the reference-environment temperature. For every investigated operating 1380 

condition, the component exergy destruction calculated from the exergy balance was consistent 1381 

with the Gouy–Stodola relation, 0ܶ ௚ܵ௘௡,. The maximum numerical difference between these two 1382 

calculations was approximately 1.14 x 10-13 kJ/kg of inlet air. This negligible difference indicates 1383 

numerical consistency between the entropy-generation and exergy-destruction calculations within 1384 

computational precision. 1385 

A further consistency check compared the sum of the individual component exergy destructions 1386 

with the total cycle exergy destruction. For the simple cycle, the sum included the compressor, 1387 

combustor, and turbine contributions; for the intercooled cycle, it additionally included the low-1388 

pressure compressor, intercooler, and high-pressure compressor contributions. The component-1389 

wise summation agreed with the reported total exergy destruction, with zero numerical summation 1390 

error at the reported precision. This check confirms the internal consistency of the component 1391 

accounting but is not an independent validation of the thermodynamic model. 1392 

The complete cycle was also checked using the overall exergy balance, 1393 ݔܧ௙௨௘௟ + ௔௜௥,௜௡ݔܧ = ௡ܹ௘௧ + ௘௫ℎ௔௨௦௧ݔܧ +  ஽,௧௢௧௔௟ 1394ݔܧ

Where ݔܧ௙௨௘௟ is the chemical exergy supplied with the methane fuel, ݔܧ௔௜௥,௜௡ is the physical 1395 

exergy of the incoming air, ௡ܹ௘௧ is the net cycle work, and ݔܧ௘௫ℎ௔௨௦௧ represents the physical and 1396 

chemical exergy remaining in the exhaust products. The maximum relative exergy-balance error 1397 

across the entire simulation dataset was approximately 1.16 x 10-13 %, indicating that the overall 1398 

exergy balance closed within computational precision. 1399 

Physical feasibility checks were also incorporated into the computational procedure. The results 1400 

showed no negative component exergy-destruction values, confirming that the calculated 1401 

irreversibilities remain physically meaningful. The computed air-to-fuel ratios were also checked 1402 

against the stoichiometric requirement for methane combustion. The predicted AFR remained in 1403 

the range of approximately 33.22–272.15, with no cases below the stoichiometric AFR of 17.12. 1404 

Thus, all calculated combustion states maintained a non-negative residual oxygen condition. 1405 

The complete parametric analysis consisted of 1,274 operating cases covering the investigated 1406 

ranges of ambient temperature, compressor pressure ratio, and turbine inlet temperature. Only 1407 

three cases produced negative specific net work, and these occurred in the simple cycle at the low-1408 



TIT/high-ambient-temperature operating region. These cases were retained as physically 1409 

informative infeasible operating conditions rather than artificially removed from the dataset. The 1410 

two-stage intercooled configuration remained at positive specific net work throughout the 1411 

investigated range. Table 4 presents the verification summary for the developed computational 1412 

model.  1413 

Table 4: Verification Summary  1414 

Verification criterion Result 

Number of simulated cases 1,274 

Ideal Brayton analytical verification deviation 4.19 × 10⁻¹⁴ % 

Maximum deviation between component ExD and T0Sgen  1.14 × 10⁻¹³ kJ/kg air 

Maximum component-exergy summation error 0 kJ/kg air 

Maximum overall exergy-balance error 1.16 × 10⁻¹³ % 

Negative component ExD cases 0 

AFR below stoichiometric value 0 

Negative-net-work cases 3 

Stoichiometric AFR 17.12 

AFR range 33.22–272.15 

4.14 Study limitations and future research areas 1415 

The present study is based on a steady-state thermodynamic and numerical modelling framework, 1416 

and the results should therefore be interpreted within the assumptions and operating ranges adopted 1417 

in the analysis. First, the working fluids are modelled using ideal-gas assumptions, while 1418 

temperature-dependent specific heat is explicitly considered for the combustion products. Real-1419 

gas effects and more detailed thermophysical property variations may influence the predicted 1420 

performance, particularly under operating conditions outside the investigated range. 1421 

Second, the compressor and turbine isentropic efficiencies, combustion efficiency, intercooler 1422 

effectiveness, and pressure losses are prescribed model parameters. In an actual gas-turbine 1423 

system, these quantities may vary with load, rotational speed, pressure ratio, temperature, and 1424 

operating condition. Consequently, the calculated performance represents the response of the 1425 



system under the specified component-performance assumptions rather than a direct prediction of 1426 

a particular commercial gas turbine. 1427 

Third, the two-stage intercooled configuration uses a prescribed intercooler effectiveness and 1428 

pressure loss, and the nominal compressor pressure ratio is divided equally between the low-1429 

pressure (LP) and high-pressure (HP) compressor stages. The prescribed intercooler pressure loss 1430 

affects the actual overall compressor pressure ratio. Alternative stage-pressure-ratio distributions, 1431 

intercooler designs, and pressure-loss characteristics may therefore produce different optimum 1432 

operating conditions. 1433 

Fourth, the present analysis focuses on thermodynamic performance and does not explicitly 1434 

include detailed economic analysis, equipment sizing, intercooler auxiliary-power consumption, 1435 

cooling-water requirements, emissions, mechanical limitations, or transient operating behaviour. 1436 

These factors may influence the practical selection and implementation of a gas-turbine 1437 

configuration. 1438 

Fifth, the computational model was checked using analytical Brayton-cycle relations, exergy–1439 

entropy consistency, component-wise exergy accounting, the overall exergy balance, and 1440 

combustion-feasibility checks. These procedures establish numerical and thermodynamic 1441 

consistency within the implemented model; however, they do not constitute experimental 1442 

validation against measurements from a physical gas-turbine system. 1443 

Finally, the conclusions are applicable to the investigated ranges of nominal compressor pressure 1444 

ratio, turbine inlet temperature, and ambient temperature. The reported performance trends and 1445 

optimum operating conditions should not be extrapolated directly beyond these ranges without 1446 

additional analysis and validation. 1447 

Future studies should extend the present work by incorporating experimentally measured or plant-1448 

validated component performance maps and, where appropriate, non-ideal thermophysical 1449 

property models. Further investigations should examine unequal compressor-stage pressure-ratio 1450 

distributions, detailed intercooler design and pressure losses, auxiliary power and cooling-water 1451 

requirements, and the effects of variable operating conditions. Integrating thermodynamic analysis 1452 

with economic assessment, environmental impact evaluation, and multi-objective optimization 1453 

that includes practical design constraints would provide a more comprehensive basis for selecting 1454 

gas-turbine operating conditions. Experimental or plant-data validation should also be undertaken 1455 



to assess the predictive accuracy of the proposed model and strengthen its applicability to practical 1456 

gas-turbine systems. 1457 

Conclusions: 1458 

This study demonstrates that the thermodynamic superiority of a gas turbine cycle cannot be 1459 

assessed from net power output or thermal efficiency alone. By integrating energy analysis, 1460 

entropy generation, component-wise exergy destruction, operating-feasibility assessment, Pareto 1461 

analysis, and multi-objective decision evaluation, the study provides a comprehensive basis for 1462 

comparing simple and two-stage intercooled Brayton cycles. The principal conclusions are as 1463 

follows: 1464 

• Intercooling provides a significant specific-power advantage. The two-stage intercooled 1465 

cycle achieved a maximum specific net work of 532.91 kJ/kg air, compared with 459.00 1466 

kJ/kg air for the simple cycle, corresponding to an improvement of approximately 16.1%. 1467 

The pressure ratio corresponding to maximum specific net work also shifted toward a 1468 

higher value with intercooling, from PR=16 for the simple cycle to PR=28 for the 1469 

intercooled cycle at Tamb = 15°C and TIT = 1400°C,. 1470 

• Higher specific power does not necessarily result in higher thermal efficiency. The simple 1471 

Brayton cycle achieved a maximum thermal efficiency of 41.85%, whereas the two-stage 1472 

intercooled cycle achieved 40.59%. Although intercooling reduces the work required for 1473 

compression and increases the turbine-cycle specific power, the additional irreversibility 1474 

associated with the intercooler and the resulting changes in cycle energy interactions 1475 

prevent a corresponding improvement in maximum thermal efficiency. 1476 

• Second-law analysis confirms the power–efficiency trade-off. The maximum second-law 1477 

efficiencies were 40.37% for the simple cycle and 39.16% for the intercooled cycle. Thus, 1478 

the configuration delivering the highest specific power does not necessarily provide the 1479 

highest utilization of the available energy from the thermodynamic viewpoint. 1480 

• The combustor is the dominant source of thermodynamic irreversibility. The combustor 1481 

accounts for approximately 76.6% of the average total exergy destruction in the simple 1482 

cycle and 75.0% in the intercooled cycle. Within the assumptions and operating conditions 1483 

considered, the combustor represents the dominant contributor to total exergy destruction. 1484 



Consequently, reducing combustion-related irreversibility appears to offer the greatest 1485 

potential for improving the calculated overall exergy performance. 1486 

• Intercooling redistributes rather than eliminates irreversibility. The intercooled 1487 

configuration reduces the exergy destruction associated with individual compression 1488 

stages; however, it introduces additional exergy destruction in the intercooler. The average 1489 

exergy destruction associated with the intercooler is approximately 38.43 kJ/kg air, while 1490 

the LP and HP compressors each contribute approximately 16.78 kJ/kg air. Consequently, 1491 

the reduction in compressor irreversibility does not compensate for the additional 1492 

irreversibility introduced elsewhere in the cycle, resulting in higher total exergy destruction 1493 

for the intercooled configuration. 1494 

• The operating parameters strongly influence the preferred cycle configuration. Compressor 1495 

pressure ratio, turbine inlet temperature, and ambient temperature jointly affect specific net 1496 

work, thermal efficiency, entropy generation, and exergy destruction. The maximum-1497 

specific net work condition, maximum-efficiency condition, and minimum-exergy-1498 

destruction condition occur at different operating points. Hence, no single operating 1499 

condition can be regarded as universally optimal for all thermodynamic objectives. 1500 

• Feasibility analysis identifies an important operating limitation of the simple cycle. 1501 

Negative-net-work conditions were obtained for selected combinations of high ambient 1502 

temperature and low turbine inlet temperature in the simple Brayton cycle. In contrast, the 1503 

two-stage intercooled cycle maintained positive specific net work throughout the 1504 

investigated operating domain. This suggests a potential operating-range advantage of 1505 

intercooling under the investigated thermodynamic conditions, although this conclusion 1506 

should be assessed further using component-level and plant-level constraints. 1507 

• Pareto analysis confirms the competing nature of the thermodynamic objectives. The 1508 

Pareto-optimal solutions demonstrate that maximizing specific net work, maximizing 1509 

thermal and second-law efficiencies, and minimizing total exergy destruction cannot 1510 

generally be achieved simultaneously. For example, the simple cycle reaches a maximum 1511 

specific net work of 459.00 kJ/kg air, whereas its minimum total exergy destruction is only 1512 

160.94 kJ/kg air at a different operating condition. Similarly, the intercooled cycle reaches 1513 

a maximum specific net work of 532.91 kJ/kg air, while its minimum total exergy 1514 

destruction is 344.70 kJ/kg air at a different condition. Therefore, the Pareto front provides 1515 



a more appropriate representation of the competing design objectives than optimization 1516 

based on a single performance parameter. 1517 

• The multi-objective decision index identifies a balanced operating condition. Under the 1518 

adopted equal-weight formulation incorporating specific net work, thermal efficiency, 1519 

second-law efficiency, SFC, and total exergy destruction, the maximum decision index was 1520 

0.861 for the simple cycle and 0.805 for the intercooled cycle, both occurring at Tamb = 1521 

15°C, TIT = 1400°C, and PR=30. The higher decision index of the simple cycle reflects its 1522 

better balance of efficiency, fuel consumption, and exergy destruction, whereas the 1523 

intercooled cycle provides a substantially higher specific power output. Thus, the preferred 1524 

configuration depends on the relative importance assigned to power generation and 1525 

thermodynamic performance. 1526 

• The computational model demonstrated numerical and thermodynamic consistency within 1527 

the adopted formulation. Across the evaluated operating cases, the maximum deviation in 1528 

the ideal Brayton-cycle analytical check was approximately 4.19 x 10-14 %. The maximum 1529 

absolute deviation between component exergy destruction and the corresponding T0Sgen 1530 

value was approximately 1.14 x 10-13 kJ/kg of inlet air, while the maximum overall exergy-1531 

balance error was approximately 1.16 x 10-13 %. The component-wise exergy-summation 1532 

residual was zero, and no negative component exergy-destruction values or violations of 1533 

the imposed stoichiometric air–fuel constraint were detected. These results indicate 1534 

numerical consistency within computational precision; they do not constitute independent 1535 

experimental validation of the model.  1536 

Overall, the results indicate that intercooling provides a significant specific-power benefit within 1537 

the investigated operating range, but this benefit is accompanied by additional thermodynamic 1538 

irreversibility and lower maximum thermal and second-law efficiencies under the adopted 1539 

modelling assumptions. The intercooled configuration is therefore more attractive when higher 1540 

specific power is prioritized, whereas the simple Brayton cycle is more favorable when thermal 1541 

efficiency, fuel utilization, and lower total exergy destruction are given greater importance. 1542 

The integrated energy–entropy–exergy–feasibility–Pareto framework provides a systematic basis 1543 

for comparing the two Brayton-cycle configurations and identifying operating regions associated 1544 

with different thermodynamic objectives. The preferred configuration ultimately depends on the 1545 



relative importance assigned to power output, efficiency, fuel consumption, and exergy 1546 

destruction. 1547 

Data Availability Statement 1548 

All data used in this study will be made available from the corresponding author upon 1549 

reasonable request. 1550 
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Abbreviations  1611 

Symbol Description Unit 

AFR Air-fuel ratio kg/kg 

AFRst Stoichiometric air-fuel ratio kg/kg 

ai and bi Product-gas specific-heat coefficients — 

cp Specific heat at constant pressure kJ kg⁻¹ K⁻¹ 

DI Multi-objective decision index — 

ED Exergy destruction kJ kg⁻¹ 

ech Specific chemical exergy kJ kg⁻¹ 

eph Specific physical exergy kJ kg⁻¹ 

Ex Exergy kJ kg⁻¹ 

Exf Fuel chemical exergy kJ kg⁻¹ 

Exg Total product-gas exergy kJ kg⁻¹ 

f Fuel-air ratio kg/kg 

h Specific enthalpy kJ kg⁻¹ 

LHV Lower heating value kJ kg⁻¹ 

ma Air mass kg 

mf Fuel mass kg 

mg Combustion-product mass kg 

ni Moles of species ii mol 

P Pressure kPa 

P0 Reference pressure kPa 

PR Overall compressor pressure ratio — 



PRLP LP compressor pressure ratio — 

PRHP HP compressor pressure ratio — 

QIC Intercooler heat rejection kJ 

Ra Specific gas constant of air kJ kg⁻¹ K⁻¹ 

Ru Universal gas constant kJ mol⁻¹ K⁻¹ 

REx Overall exergy-balance residual kJ kg⁻¹ 

Sgen Entropy generation kJ kg⁻¹ K⁻¹ 

SFC Specific fuel consumption kg kWh⁻¹ 

s Specific entropy kJ kg⁻¹ K⁻¹ 

T Temperature K 

T0 Reference/dead-state temperature K 

Tamb Ambient temperature °C 

TIT Turbine inlet temperature °C 

Wc Compressor work kJ kg⁻¹ 

Wt Turbine work kJ kg⁻¹ 

Wnet Net work output kJ kg⁻¹ 

yi Mole fraction of species ii — 

γ Specific heat ratio — 

ηc Compressor isentropic efficiency — 

ηt Turbine isentropic efficiency — 

ηcomb Combustion efficiency — 

ηth Thermal efficiency % 

ηII Second-law efficiency % 

εIC Intercooler effectiveness — 

ΔPIC Fractional intercooler pressure loss — 

ϕj Component contribution to total exergy destruction % 

ϵEx Relative exergy-balance error % 

δideal Ideal-cycle validation deviation % 

i Combustion-product species index — 



j Component index — 

u Universal-gas-property quantity, where applicable — 
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    𝜂  I I =       W  n e t    E x  f +   E x  a i r , 1                                                                                                                                                                                                                                                                     ( 54 )


    X  n o r m =   X −     X  m i n    X  m a x −   X  m i n                                                                                                                                                                                                                                                           ( 55 )


    m  f


    X  n o r m =     X  m a x − X    X  m a x −   X  m i n                                                                                                                                                                                                                                                           ( 56 )


    X  n o r m =     X  m a x − X    X  m a x −   X  m i n                                                                                                                                                                                                                                                           ( 56 )


    𝜂  t h


    𝜂  I I


    E  D , t o t a l


  D I =       I  w n e t +   I    𝜂  t h +   I    𝜂  I I +   I  S F C +   I    E  D 5                                                                                                                                                                                                     ( 57 )


    𝜂  t h


    𝜂  t h


    E  D , t o t a l


    𝛾  a


    m  a


    𝜂  i d e a l = 1 −   P R      𝛾  a − 1    𝛾  a                                                                                                                                                                                                                                                                     ( 58 )


    𝛿  i d e a l =  |     𝜂  m o d e l −   𝜂  a n a l y t i c a l    𝜂  a n a l y t i c a l |   × 100                                                                                                                                                                                                   ( 59 )


    𝛿  i d e a l =  |     𝜂  m o d e l −   𝜂  a n a l y t i c a l    𝜂  a n a l y t i c a l |   × 100                                                                                                                                                                                                   ( 59 )


    E  D , j =   T 0   S  g e n , j                                                                                                                                                                                                                                                                                         ( 60 )


    𝛿  G S , j =   E  D , j −   T 0   S  g e n , j                                                                                                                                                                                                                                                             ( 61 )


    𝛿  G S , j =   E  D , j −   T 0   S  g e n , j                                                                                                                                                                                                                                                             ( 61 )


    R  c o m p


    E  D , t o t a l =     ∑  j    E  D , j                                                                                                                                                                                                                                                                         ( 62 )


    R  c o m p =   E  D , t o t a l −     ∑  j    E  D , j                                                                                                                                                                                                                                       ( 63 )


    R  E x =   E x  f +   E x  a i r , 1 −   W  n e t −   E x  e x h a u s t −   E  D , t o t a l                                                                                                                                                 ( 64 )


    m  a   c  p , a  (   T 2 −   T 0 ) +   𝜂  c o m b   m  f L H V =   m  g  [  h  g   T 5 −  h  g   T 0 ]                                                                                                                                             ( 4 )


    𝜖  E x =    |   R  E x |    E x  f +   E x  a i r , 1   × 100                                                                                                                                                                                                                                         ( 65 )


    𝜖  E x =    |   R  E x |    E x  f +   E x  a i r , 1   × 100                                                                                                                                                                                                                                         ( 65 )


    𝜂  t h ,   i d e a l = 1 −  1    P R    𝛾 − 1  𝛾


  𝛾


    E x  D =   T 0   S  g e n


    T 0   S  g e n


    E x  f u e l +   E x  a i r , i n =   W  n e t +   E x  e x h a u s t +   E x  D , t o t a l


    E x  f u e l


    E x  a i r , i n


    W  n e t


   h  g


    E x  e x h a u s t


    𝜂  c o m b


    m  g    (   m  a +   m  f )


    R  a = 0 . 28705   kJ   kg ⁻ ¹   K ⁻ ¹


    m  a


    m  f


  P R =     P 2    P 1


    T  2 s =   T 1    (     P 2    P 1 )      𝛾  a − 1    𝛾  a                                                                                                                                                                                                                                                                                 ( 5 )


    T 2 =   T 1 +     T  2 s −   T 1    𝜂  c                                                                                                                                                                                                                                                                             ( 6 )


    T 2 =   T 1 +     T  2 s −   T 1    𝜂  c                                                                                                                                                                                                                                                                             ( 6 )


    W  c =   c  p , a  (   T 2 −   T 1 )                                                                                                                                                                                                                                                                               ( 7 )


    W  c =   c  p , a  (   T 2 −   T 1 )                                                                                                                                                                                                                                                                               ( 7 )


    𝜂  c


    S  g e n , c =   m  a  (   s 2 −   s 1 )                                                                                                                                                                                                                                                                       ( 8 )


    𝛾  a


    E  D , c =   T 0   S  g e n , c                                                                                                                                                                                                                                                                                             ( 9 )


    E  D , c =   T 0   S  g e n , c                                                                                                                                                                                                                                                                                             ( 9 )


    E  D , c


    S  g e n , c


    P R  L P =  P R


    P R  H P =  P R


    T  2 s =   T 1    (     P 2    P 1 )      𝛾  a − 1    𝛾  a                                                                                                                                                                                                                                                                             ( 10 )


    T 2 =   T 1 +     T  2 s −   T 1    𝜂  c , L P                                                                                                                                                                                                                                                                         ( 11 )


    T 2 =   T 1 +     T  2 s −   T 1    𝜂  c , L P                                                                                                                                                                                                                                                                         ( 11 )


    𝜂  c , L P


    s 2 −   s 1 =   c  p , a  ln ⁡   (     T 2    T 1 ) −   R  a  ln ⁡   (     P 2    P 1 )                                                                                                                                                                                                                   ( 1 )


    W  c , L P =   c  p , a  (   T 2 −   T 1 )                                                                                                                                                                                                                                                               ( 12 )


    S  g e n , L P =   m  a  (   s 2 −   s 1 )                                                                                                                                                                                                                                                             ( 13 )


    S  g e n , L P =   m  a  (   s 2 −   s 1 )                                                                                                                                                                                                                                                             ( 13 )


    E  D , L P =   T 0   S  g e n , L P                                                                                                                                                                                                                                                                               ( 14 )


    E  D , L P =   T 0   S  g e n , L P                                                                                                                                                                                                                                                                               ( 14 )


  (   Δ P  I C = 0 . 02 )


    ( 𝜀  I C )


    P 3 =   P 2  ( 1 −   Δ P  I C )                                                                                                                                                                                                                                                                           ( 15 )


    T 3 =   T 2 −     𝜀  I C  (   T 2 −   T 1 )                                                                                                                                                                                                                                                         ( 16 )


    T 3 =   T 2 −     𝜀  I C  (   T 2 −   T 1 )                                                                                                                                                                                                                                                         ( 16 )


    e  p h , a =   c  p , a  [  ( T −   T 0 ) −   T 0  ln ⁡   (   T    T 0 ) ] +   R  a   T 0  ln ⁡   (   P    P 0 )                                                                                                                                                     ( 2 )


    Q  I C =   c  p , a  (   T 2 −   T 3 )                                                                                                                                                                                                                                                                       ( 17 )


    Q  I C =   c  p , a  (   T 2 −   T 3 )                                                                                                                                                                                                                                                                       ( 17 )


    s 2 −   s 1 =   c  p , a  ln ⁡   (     T 3    T 2 ) −   R  a  ln ⁡   (     P 3    P 2 )                                                                                                                                                                                                             ( 18 )


    S  g e n , I C =  (   s 3 −   s 2 ) +     Q  I C    T 0                                                                                                                                                                                                                                                 ( 19 )


    S  g e n , I C =  (   s 3 −   s 2 ) +     Q  I C    T 0                                                                                                                                                                                                                                                 ( 19 )


    E  D , I C =   T 0   S  g e n , I C                                                                                                                                                                                                                                                                                 ( 20 )


    E  D , I C =   T 0   S  g e n , I C                                                                                                                                                                                                                                                                                 ( 20 )


    T  4 s =   T 3    (     P 4    P 3 )      𝛾  a − 1    𝛾  a                                                                                                                                                                                                                                                                           ( 21 )  


    T 4 =   T 3 +     T  4 s −   T 3    𝜂  c , H P                                                                                                                                                                                                                                                                         ( 22 )


    T 4 =   T 3 +     T  4 s −   T 3    𝜂  c , H P                                                                                                                                                                                                                                                                         ( 22 )


    e  p h , a


    W  c , H P =   c  p , a  (   T 4 −   T 3 )                                                                                                                                                                                                                                                               ( 23 )


    W  c , H P =   c  p , a  (   T 4 −   T 3 )                                                                                                                                                                                                                                                               ( 23 )


    W  c , H P =   c  p , a  (   T 4 −   T 3 )                                                                                                                                                                                                                                                               ( 23 )


    S  g e n , H P =  (   s 4 −   s 3 )                                                                                                                                                                                                                                                                       ( 24 )


    S  g e n , H P =  (   s 4 −   s 3 )                                                                                                                                                                                                                                                                       ( 24 )


    E  D , H P =   T 0   S  g e n , H P                                                                                                                                                                                                                                                                             ( 25 )


    E  D , H P =   T 0   S  g e n , H P                                                                                                                                                                                                                                                                             ( 25 )


    W  c =   W  c , L P +   W  c , H P                                                                                                                                                                                                                                                                     ( 26 )


    c  p , i  ( T ) =   a  i +   b  i  ( T − 300 )                                                                                                                                                                                                                                           ( 27 )


    c  p , i


    T 0


    a  i   &     b  i


    Δ h  i =   a  i  ( T −   T  r e f ) +     b  i 2  [    ( T − 300 ) 2 −    (   T  r e f − 300 ) 2 ]                                                                                                                               ( 28 )


    T  r e f


    n  i


   h  g T =   ∑  i    n  i   Δ h  i                                                                                                                                                                                                                                                                                 ( 29 )


    Δ s  T , i =  (   a  i − 300   b  i )  ln ⁡   (   T    T  r e f ) +   b  i  ( T −   T  r e f )                                                                                                                                                                   ( 30 )


    Δ s  P , i = −   R  i  ln ⁡   (     y  i P    P 0 )                                                                                                                                                                                                                                                                 ( 31 )


    Δ s  P , i = −   R  i  ln ⁡   (     y  i P    P 0 )                                                                                                                                                                                                                                                                 ( 31 )


    s  g  ( T ,   P ) =   ∑  i   [   Δ s  T , i −   Δ s  P , i ]                                                                                                                                                                                                                                   ( 32 )


    s  g  ( T ,   P ) =   ∑  i   [   Δ s  T , i −   Δ s  P , i ]                                                                                                                                                                                                                                   ( 32 )


    P 0


    e  p h , g =  (  h  g −  h  g , 0 ) −   T 0  (   s  g −   s  g , 0 )                                                                                                                                                                                                           ( 33 )


    e  p h , g


   h  g


   h  g , 0


    s  g


    s  g , 0


    E x  p h , g =   m  g   e  p h , g                                                                                                                                                                                                                                                                             ( 34 )


      E x  p h , g


    e  c h ,   C O 2  − 0 = 19 . 87   k J / m o l


    e  c h ,   H 2 O  − 0 = 9 . 49   k J / m o l


    C H 4 + 2  (   O 2 + 3 . 76   N 2 ) →   C O 2 + 2   H 2 O + 7 . 52   N 2                                                                                                                                                             ( 3 )


    e  c h ,   O 2  − 0 = 3 . 97   k J / m o l


    e  c h ,   N 2  − 0 = 0 . 72   k J / m o l


    e  c h ,   N 2  − 0 = 0 . 72   k J / m o l


    E x  c h , g =   ∑  i    n  i   e  c h , i  − 0 +     n  g   R  u   T 0   ∑  i    y  i  ln ⁡    y  i                                                                                                                                                                                   ( 35 )


    E x  c h , g


    n  i


    e  c h , i  − 0


    n  g


    R  u


    y  i

